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PREFACE

NASA has an interest in turbines related primarily to aeronautics
and space applications. Airbreathing turbine engines provide jet and
turboshaft propulsion, as well as auxiliary power for aircraft. Propel-
lant-driven turbines provide rocket propulsion and auxiliary power for
spacecraft. Closed-cycle turbine engines using inert gases, organic
fluids, and metal fluids are being studied for providing long-duration
electric power for spacecraft. |

In view of the turbine-system interest and efforts at Lewis Re-
search Center, a course entitled ‘“Turbine Design and Application”
was presented during 1968-69 as part of the In-House Graduate Study
Program. The course was prepared and presented primarily by mem-
bers of the Turbodrive Branch, Fluid System Components Division,
and consisted of 25 lectures covering all aspects of turbine technology.
In particular, the course material covered thermodynamic and fluid-
dynamic concepts, fundamental turbine concepts, velocity diagrams,
losses, blade aerodynamic design, mechanical design, operation,
performance, and requirements and -problems associated with various
applications. Much of the material referred primarily to axial-flow
turbines, with radial-inflow turbines covered as a specific topic.

The notes written and used for the course are being revised and
edited for publication. Such a publication can serve as a foundation for
an introductory turbine course, a means for self-study, or a reference
for selected topics. This volume presents the material covered in the
first six lectures of the course. The three chapters of this volume
cover thermodynamic and fluid-dynamic concepts, fundamental
turbine concepts, and velocity diagram design.

ARTHUR J. GLASSMAN

i






PRECEDING PAGE BLANX NGI FILMID

CHAPTER
. PREFACE. ..
1 THERMODYNAMIC AND FLUID-DYNAMIC CON-
CEPTS by Arthur J. Glassman_ ... _____._______________
BASIC CONCEPTS AND RELATIONS .. ...
APPLICATION TO FLOW WITH VARYING AREA___.______
REFERENCES. oo
SYMBOLS . e iemameeaaa
2 BASIC TURBINE CONCEPTS by Arthur J. Glassman____
TURBINE FLOW AND ENERGY TRANSFER__.___._.._._._
DIMENSIONLESS PARAMETERS. ..o
REFERENCES. .. oo cicidecceeas
SYMBOLS . L e emmmmmammm———aee s
GLOSSARY . e demmmm—a——— e

3 VELOCITY DIAGRAMS by Warren J. Whitney and Warner
L. Stewart. . _ i eaaooo.
MEAN-SECTION DIAGRAMS. . iaa..

RADIAL VARIATION OF DIAGRAMS ...
COMPUTER PROGRAMS FOR VELOCITY-DIAGRAM

PAGE

ii

14
19
20

21

21
45
62
63

69
70
84

95
96

Preceding page blanx






CHAPTER 1

Thermodynamic and Fluid-Dynamic
Coneepts

By Arthur J. Glassman

This chapter is intended to review some of the fundamental con-
cepts of thermodynamics and compressible fluid mechanics. These
are the concepts needed to analyze and understand the flow and
energy-transfer processes occurring in a turbine. A more complete
treatment of these subjects can be found in reference 1 and in many
textbooks. Flow is assumed to be steady and one-dimensional for
the purposes of this chapter.

Any consistent set of units will satisfy the equations presented.
Two commonly used consistent sets of units and constant values are
given after the symbol definitions. These are the SI units and the
U.S. customary units. A single set of equations covers both sets of
units by including all constants required for the U.S. customary
units and defining as unity those not required for the SI units.

BASIC CONCEPTS AND RELATIONS
Equation of State

Before we can get very far with any kind of calculation involving
gases, we must know how pressure, volume, and temperature are
interrelated. The study of gases has resulted in certain laws and
generalizations concerning their behavior. In discussing these laws |
of behavior, gases are referred to as being either ideal or real. The
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TURBINE DESIGN AND APPLICATION

ideal gas is only hypothetical and obeys various simplified laws that
the real gas can only approach under certain conditions.
The ideal gas equation of state is

*

pkM (1—1)
where
P absolute pressure, N/m?; lb/ft?
v specific volume, m¥kg; ft¥/lb

R* universal gas constant, 8314 J/(kg mole)(K); 1545 (ft)(Ib)/
(Ib mole) (°R)

M, molecular weight, kg/(kg mole); lb/(Ib mole)

T  absolute temperature, K; °R

The quantity R*/M, is often used as a single quantity such that

R=37- (1-2)

where R is the gas constant, in J/(kg)(K) or (ft)(ib)/(Ib)(°R).
Density is often used instead of specific volume in the ideal gas
law. Thus,

p=1 RT=oRT (1-3)

where p is density, in kg/m?® or lb/ft?.

In general, a real gas will approximate ideal behavior at low pres-
sures or high temperatures, conditions under which the free space
within the gas is large and the attractive forces between molecules are
small, For gases which are above their critical temperatures, the
ideal gas law may be accurate to within 5 percent up to pressures as
high as 50 atmospheres, while for gases below their critical tempera-
tures, deviations of 2 to 3 percent may appear at 1 atmosphere pressure.

Deviations of real gases from ideal behavicr have resulted in the
proposal of several hundred equations of state to express the p-v-T
relation. None of these have been found universally satisfactory, and
most are applicaRle only to a single gas over a limited range of tem-
perature and pressure. Even the most useful of these equations are
cumbersome to use and cannot be justified unless a high degree of
accuracy is required.

The similarity in behavior of substances at equal values of reduced
temperature (ratio of temperature, T, to critical temperature, T.)
and reduced pressure (ratio of pressure, p, to critical pressure, p.)
forms the basis of a relatively simple method for estimating real gas
- behavior. The method of general correlation is to incorporate a

2
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correction term, called the compressibility factor, into the ideal gas

law;
p=2zpRT (1-4)

where z is the compressibility factor.

The compressibility factor js a function of reduced temperature
and reduced pressure, and is assumed to be independent of the nature
of the gas. Values of compressibility factor as a function of reduced
temperature and reduced pressure are presented in many texts and
other sources. One of the charts from reference 2 is reproduced here
as figure 1-1. This type of correlation is derived from an average
of data for a large number of gases and is not in rigorous agreement
with all the data for any one gas. The compressibility-factor correla-
tion may be extended to gas mixtures if pseudocritical temperatures
and pressures are used to calculate reduced temperatures and pres-
sures. The pseudocritical properties are approximated by using the
molal averages of the critical properties of the components.

Examination of figure 1-1 shows that there is a large region of
state conditions where use of the ideal gas law would result in a large
error. Fortunately, the conditions that we are concerned with in our
calculations do not usually fall within this region. However, we
should never take for granted that the ideal gas law is always valid.
A quick determination of the compressibility factor can show the
approximate error associated with use of the ideal gas law.

Reduced
temperature,

Compressibility factor, z

» el | | | | | | | j
0 L0 2.0 3.0 4.0 5.0 6.0 1.0 8.0 9.0 10.0
Reduced pressure, p/p.

Figure 1-1.—Effect of reduced pressure and reduced temperature on com-
pressibility factor. (Curves from ref. 2.)



TURBINE DESIGN AND APPLICATION

Relation of Energy Change to State Conditions

In a flow process, the energy term associated with work and heat
is the enthalpy h. For a one-phase svstem of constant chemical com-
position, enthalpy can be expressed as a function of temperature
and pressure:

h=fen(T, p) (1-5)

where A is specific enthalpy, in J/kg or Btu/lb. A differential change in
enthalpy can be expressed as

The partial derivatives can be expressed in terms of determinable
properties as follows. By definition,

ok,
c,=<(ﬁ, ) (1-7)

where ¢, is heat capacity at constant pressure, in J/(kg)(K) or Btu/
(Ib)(°R). One of the basic differential equations of thermodynamics is

dh=Tds+lj vdp (1-8)

where s is specific entropy, in J/(kg)(K) or Btu/(Ib)(°R), and J is a
conversion constant, 1 or 778 (ft)(lb)/Btu. Therefore, the partial
derivative with respect to pressure at constant temprature is, as
determined from equation (1-8),

6h> (63) 1
— ) =T(= = 1-9
<6P 7 ap r+JU ( )
One of the Maxwell relations states that

as 1 /00

) ==7(7), (1-10)
Substituting equations (1~7), (1-9), and (1-10) into equation (1-6)
yields

dh=c,d T+1 [v—:r(a—”) ]d (1-11)
L aT/, | P

Equation (1-11) is the rigorous equation for a differential enthalpy
change in terms of the state conditions, and the enthalpy change
between two states is calculated rigorously as

4
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Ta 1 (', o .
Ab= le T+ L l I:v—T(a—I,>p:| dp (1-12)

If we now assume that the gas behaves according to the ideal gas
law, we can set

RT

== 1-13
= ( )
and
dv R
(o2). (1-14)

By using these last two equations in equation (1-12), the effect of
pressure on enthalpy change is reduced to zero, and there remains

T,
Ab= L 6dT (1-15)

Empirical equations for ¢, as a function of T are available in hand-
books and textbooks for most gases of interest. If, for example,

cp=a+bT+cT? (1-16)

" then integration of equation (1-15) yields
sh=a(T,—T)+§ (TI—TH+§ (TI—T) (1-17)

Although one might not want to use this type of expression for hand
calculations, there is no reason to avoid it for computer calculations.

If it can be assumed that c, is constant between temperatures T
and T, then equation (1-15) becomes

Ah=c,(Ty—T)) (1-18)

This assumption is an excellent one for monatomic gases; for other
gases, there is a significant variation in ¢, with 7. However, the use
of some average value for ¢, will give an approximation that should
be within a few perceat of the true value.

Relation of State Conditions for Constant Entropy Process

In a turbine, the heat loss is normally small, and the flow process
usually can be assumed to be adiabatic. For adiabatic flow with no
loss, there is no change in entropy. Therefore, the constant-entropy
(isentropic) process is the ideal process for flow in the various parts
‘of the turbine (inlet manifold, stator, rotor, and exit diffuser) as well
as for the overall turbine. Actual conditions within and across the

5
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turbine are usually determined from isentropic process calculations
in conjunction with some efficiency or loss term. It is, therefore,
necessary to be able to relate state conditions for an isentropic process.

For a one-phase system of constant chemical composition, entropy
can be expressed as a function of temperature and pressure

s=fen (T, p) (1-19)

and a differential change in entropy can be expressed as

Os ds
ds=(aT)p dT+<‘§)>T dp (1-20)
From equations (1-8) and (1-7), we get
ds 1 /0h Cp
(aT =T <6T R/ (1-21)

Substituting equations (1-21) and (1-10) into equation (1-20) yields

1 /o
de=2 dT—= (%) 4 1-22
s=p =5 sr), 9 (1-22)

For a constant-entropy process, ds=0 and

Tyg 1 7 /0p
fn % dT=7 fp ‘ (aT dp (1-23)

Equation (1-23) is the rigorous, but not particularly useful, expression
relating temperature and pressure conditions for an isentropic process.

If we assume ideal-gas-law behavior and substitute equation (1-14)
into equation (1-23) and perform the integration, we get

ey m 1py Po _
fﬂ FdT=3RIn% (1-24)

By using a relation such as equation (1-16), integration yields

1 D2 T, ST -
. JR lnpl—aln T,+b(T2 T1)+2 (T3—-T% (1-25)
Like equation (1-17), equation (1-25) also is more suitable for use in
8 computer calculation than in a hand calculation.
With the additional assumption that ¢, is constant between tem-
peratures T, ~nd T, equation (1-24) becomes

6
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Je, In %=R In ;’f (1-26)
and
But
‘%—"= 7% (1-28)

where v is the ratio of heat capacity at constant pressure to heat
capacity at constant volume. Substitution of equation (1-28) into
equation (1-27) yields the more familiar form

P2 TQ)vl(v—l)
P (72 1-29

o \T, (1-29)
Where specific heat ratio v is not constant, the use of an average value
should give a reasonable approximation.

Conservation of Mass

The rate of mass flow through an area A can be expressed as

w=pAV (1-30)
where
w rate of mass flow, kg/sec; lb/sec
A flow area, m?; ft?
V' fluid velocity, m/sec; ft/sec

For a steady flow (and nonnuclear) process, the rate of mass flow
across any section of the flow path must equal the rate of mass flow
across any other section. That is,

PlA1V1=P2A2V2 (1-31)

This expresses the principle of conservation of mass, and equation
(1-31) is referred to as the continuity equation.

Newton’s Second Law of Motion

All conservation equations, theorems, etc., dealing with momentum
are consequences of Newton’s Second Law of Motion, which states
that an unbalanced force that acts on a body will cause it to accelerate
in the direction of the unbalanced force in such a manner that the
force is proportional to the product of the mass and acceleration of
the body.
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Thus,
=—a (1-32)

where ,

F unbalanced force, N; Ibf

m mass, kg; lbm

a acceleration, m/sec?; ft/sec?

g conversion constant, 1; 32.17 (Ibm)(ft)/(Ibf) (sec?)

But
dVv

G=E? (1—33)

where t is time, in seconds. Substituting equation (1-33) into equatijon
(1-32) yields

: mdV '
F——"é‘ W (1—34&)
Since the mass is constant, equation (1-34a) can also be written as
= (1-34b)

Equation (1-34b) specifies that the unbalanced force acting on the
fluid is equal to the rate of change of momentum (mV) with time.
Since mass per increment of time is the mass flow rate, equation
(1-34a) can also be written as

F———%’ v (1-35)

A useful relation, sometimes called the equation of motion, can
be derived from second-law considerations. Consider an element of
fluid as indicated in figure 1-2. Gravitational forces are assumed neg-
ligible. A frictional resistance (force) is indicated as R,. The element
of fluid is subjected to fluid-pressure and boundary-surface-pressure
forces acting in the downstream direction and fluid-pressure and
friction forces acfing in the upstream direction. Therefore, the net
force in the downstream direction is

=pA+(p+-"2—”)dA—<p+dp> (A+d4)—dR,  (1-36)

Expanding, simplifying, and dropping second-order differentials
yields

F=—Adp—dR, (1-37)
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The mass of the element is
m=pAdz (1-38)
Substituting equation (1-38) into equation (1-34) yields

__pAdz C_I_Y

F—T di (1-39)

-Since
dz
V=1 (1-40)

equation (1-39) can be written in the form

=pAV

F dv (1-41)

Equating (1-37) with (1-41) now yields

_ —Adp—dR,=g§—1 vav (1-42)

and

dp, VAV dR;_

o 7 oA 0 (1-43)

— A+dA
I'd

Fiow  emmell> p — f— P+ 0P

fett— (X =0

V_— W Vv +dV

\\
‘\\

dRy

Figure 1-2.—Forces on an element of fluid.
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If we now let

qu,_d—g! (1-44)

where ¢, is heat produced by friction, in J/kg or Btu/lb, we have

gi’+Y—d—‘—/+qu,-- (1-45)

For isentropic flow, dg,=0.

Conservation of Energy

For a steady-flow (and nonnuclear) process, the energy entering
a system or part of a system must equal the energy leaving that
system or part of that system. If we can neglect chemical energy,
electrical energy, etc., we still have to consider internal energy u, flow
energv pv, kinetic energy V?%2g, potential energy Z, heat ¢, and
mechanical work W,. Thus,

Vi
29J

Z
J

y 42U V1

P pats ;
ul+J+2gJ+J+q wtBILoE A2 W, (1-48)

where

u  specific internal energy, J/kg; Btu/lb

Z  specific potential energy, J/kg; (ft) (Ibf)/lbm

q heat added to system, J/kg; Btu/lb

W, mechanical work done by system, J/kg; Btu/lb

For a gas system, the potential energy can be neglected. In addition,
by definition
h=u+ ?LJ” (1-47)

Thus, equation (1-46) reduces to

Equation (1-48) is the basic form of the steady-flow energy balance
as we will be using it.

Total Conditions

The sum of the enthalpy and the kinetic energy is always appearing
in flow problems, and it is convenient to use it as a single quantity.

Thus,
2

h'Ehﬁ-%;—] (149

10



THERMODYNAMIC AND FLUID-DYNAMIC CONCEPTS

where &/ is total enthalpy, in J/kg or Btu/lb.

The concept of total enthalpy leads us to the concept of total
temperature. Total temperature can be defined as the temperature
that corresponds to the total enthalpy. The total-temperature con-
cept is most useful when ideal-gas-law behavjor and constant heat
capacity can be assumed. In that case, according to equation (1-15),

b —h=c,(T'—T) (1-50)

where T" is total temperature, in K or °R. Combining equation (1-50)
with equation (1-49) yields
VZ
,— —— —_—
T _T+2ch, (1-51)

The total temperature T’ can be thought of as the temperature
attained when a gas at static temperature T and velocity V'is brought
to rest adiabatically. Thus, total temperature is also called stagnation
temperature, and these two terms are used interchangeably.

The total, or stagnation, pressure can be regarded as the pressure
of a fluid brought to rest isentropically from a velocity V and static
pressure p. Since the relation between p’ and p is isentropic, we can
use equation (1-29) to write

] p_l_ 2)‘7/.(‘7—1) _
p—(T (1-52)

where p’ is total pressure, in N/m? or Ib/ft’.

With regard to the above-defined total conditions, certain points
should be emphasized. The concept of totai enthalpy is general, and
its use involves no assumptions other than those associated with the
energy balance as we have considered it. Total temperature, as will
be seen, is a very useful convenience for easing the burden of calcula-
tion, but it is rigorous only for ideal-gas-law behavior and constant
heat capacity. For systems involving chemical reaction or a phase
change, the use of total temperature is not recommended. Total
pressure, in addition to the assumptions associated with total tempera-
ture, involves an Ysentropic path between the static and total
conditions.

Flow Process With No Heat and No Work

Let us now, in terms of total conditions, examine a process that
occurs with neither heat transfer (adiabatic process) nor mechanical
work. This process is the one that occurs (neglecting heat losses) in
each part of the turbine (includi .g the rotor, at constant radius, when

11
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the velocities are expressed relative to the moving blade).
Substitution of equation (1-49) into equation (1-48) and rear-

rangement yields
hy'—h/=q—W, (1-53)

The energy balance now looks something like the First Law of Thermo-
dynamics for a flow process, as we were first exposed to it in college.
If we set ¢ and W, equal to zero, we get

hy' =k (1-54)

Therefore, for adiabatic flow with no work, total enthalpy remains
constant. Further, from equations (1-18) and (1-50), it can be shown
that total temperature also remains constant.

T/=T/ (1-55)

Note that the process does not have to be isentropic in order for total
enthalpy and total temperature to remain constant.

Total pressure is another matter. From equations (1-22), (1-52),
and (1-55) and the ideal-gas-law and constant-heat-capacity assump-
tions, it can be shown that for adiabatic flow with no work,

’
erarr DL (1-56)
2 ] _

Only for isentropic flow (ds=0), therefore, does total pressure remain

constant. For flow with loss (ds>>0), there is a decrease in total
pressure.

Speed of Sound and Velocity Ratios

An important characteristic of gases is the speed of pressure-
. wave propagation or, as otherwise called, the speed of sound. From
small-pressure-disturbance theory

)

where a is speed of sound, in m/sec or ft/sec.
From the ideal gas law and isentropic process relations, this reduces

to i~
a=+gRT (1-58)

The ratio of fluid velocity V to sound velocity a is an important
factor in determining the flow characteristics of a gas. This ratio is
called the Mach number AM:

12
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|4
=3 (1-59)

Mach number is a useful parameter not only for identifving flow-
behavior regimes, but also for simplifving and generalizing certain
expressions. Consider the relation of total temperature to static
temperature, given in equation (1-51). Combining equations (1-58),
(1-59), and (1-28) with equation (1-51) yields
T y=1,.
T—l+_2 M (1-60)
Another velocity ratio often used is the ratio of fluid velocity to
critical velocity
Vv v
where V., is critical velocity, in m/sec or ft/sec, and a., is speed of
sound at critical condition, in m/sec or ft/sec. The critical velocity
is equal to the velocity of sound at the critical condition. The critical
condition is that condition where M =1. Consequently, from equation
(1-60), at the critical condition

2

Tc,=_y—_+—_—1T (1-62)

and substitution of equation (1-62) into equation (1-58) yields

_J2 e -
@, = 7+lgRT (1-63)

Thus, in any flow process with constant total temperature (no heat and
no work), the value of the critical velocity (V,=a,,) remains constant
for the entire process, while the value of the speed of sound (a) changes
as the static temperature changes.

The ratio of fluid velocity to critical velocity is sometimes called
the critical velocity ratio. Its use is often preferred over Mach number
because the critical velocity ratio is directly proportional to velocity,
while Mach number is not (since there is a square root of static tem-
perature in the denominator).

The relation between static and total temperature in terms of the
critical velocity ratio results from combining equations (1-61), (1-63),

(1-28), and (1-51).
T . y=1/VY¥ e
7= T Vu) R

13
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APPLICATION TO FLOW WITH VARYING AREA

The equations already presented are sufficient to analvze completelv
the flow through turbine passages, provided that there are no losses
(flow is isentropic). Although there are losses in a turbine, we can use
the loss-free process to learn something about the behavior of the flow
in the varving-area passages (stator, rotor, and exit diffuser) of the
turbine.

Effect of Flow Regime

We are going to examine the relations among pressure, velocity,
area change, and Mach number. Proper manipulation of the previ-
ously presented equations yields the following equation for isentropic
flow: '
1—M?*dp dA

dVv
—A=MY g = =

(1-65)
Equation (1-65) shows that (1) for all Mach numbers the change in
velocity is opposite to the change in pressure and (2) the directions of
the changes in velocity and pressure with changes in area depend on
whether the Mach number is less than 1 (subsonic flow), equal to 1
(sonic flow), or greater than 1 (supersonic flow). By way of definition,
let us specify that a nozzle is a varving-area passage in which static
pressure decreases and a diffuser is a varying-area passage in which
static pressure increases.
Let us examine the various cases from equation (1-65):
A. Subsonic flow (M<1):
1. Increasing pressure (dp>0):
Velocity decreases (dV<(0) and area increases (d4>0).
This is the subsonic diffuser.
2. Decreasing pressure (dp<0):
Velocity increases (dV>0) and area decreases (d4<0).
This is the subsonic nozzle.
B. Supersonic flow (M>1):
1. Increasing pressure (dp>>0):
Velocity decreases (dV<0) and area decreases (dA<0).
This is the supersonic diffuser.
2. Decreasing pressure (dp<{0):
Velocity increases (dV>>0) and area increases (dA>0).
This is the supersonic nozzle.
C. Sonic flow (M=1):
Both increasing (dp>>0) and decreasing (dp<{0) pressure.
Area change must equal zero (dA=0). Thus, the sonic, or
critical, condition can occur only at the inlet, exit, or mini-
mum-area section of a varying-area passage.

14
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You may alsé want to note that in order to cross the critical con-
dition (M=1) going either up or down in velocity, the flow passage
must have a decreasing-area portion followed by an increasing-area
portion.

Flow in Nozzles

Since we are concerned primarily with nozzle flow rather than
diffuser flow in turbines, we will narrow the discussion to flow in
nozzles. We will further limit the discussion to the case where the flow
entering the nozzle is subsonic, since this is the case of most interest.

Convergent mnozzle.—Let us first consider the simple convergent
nozzle. This corresponds to the case A2 mentioned previously. Assume
the nozzle is supplied with gas from a reservoir (zero velocity) where
the gas is maintained at a static (and total) pressure p’ and a static
(and total) temperature T’. The exhaust, or outside, static pressure is
designated as p, and the static pressure right at the nozzle exit (in the
throat) is designated as p,. When p. is a little less than p’, flow com-
mences and the throat pressure p, is equal to p.. As p, is progressively
lowered, flow rate and velocity both increase, with p, still equal to p..
At some value of p., the velocity at the throat becomes equal to sonic
velocity, and M=1 at the throat.

What happens if p, is now lowered further? We have seen that a
Mach number greater than 1 cannot be attained in a convergent
nozzle. Therefore, the flow at the throat remains in the critical condi-
tion (M=1) no matter how much p, is lowered. The static pressure in
the throat remains at the critical pressure, which according to equa-

tions (1-62) and (1-29) is

Y/(Y—1)

(2
=p,= 1-66
P=Pe=P <V i (1-66)

Once p, is reduced below p,, the exhaust pressure has no effect on
the flow within the nozzle. The gas expands from p’ to p;=per within
the nozzle and then expands further from p, to p. outside the nozzle.
The expansion process from p, to p, occurs with shocks (which occur
with an increase in entropy and will be discussed a little later), and
the isentropic equations are not valid for this part of the process.

The fact that the throat condition remains constant for nozzle
pressure ratios (p’/p.) greater than or equal to the critical pressure
ratio (p’/ps;) means that the nozzle mass flow rate also remains
constant under these conditions. Thus, for a fixed upstream state,
the mass flow rate reaches a maximum value when M becomes 1 at
the throat and thereafter remains constant no matter to what value
the exhaust pressure is reduced. The fact that this condition corre-
sponds to 1naximum flow can be proven mathematically. A nozzle in
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this condition is said to be choked.

Convergent-divergent nozzle.—Let us now consider the somewhat
more involved case of the convergent-divergent nozzle. Again, assume
the nozzle to be supplied with gas from the same reservoir maintained
at pressure p’ and temperature 7”. Figure 1-3, showing plots of pres-
sure ratio against nozzle length, will supplement this discussion. If
the exhaust pressure p, is a little less than p’ (curve AB in fig. 1-3),
flow commences with the lowest pressure occurring at the throat
(p.<p.). In this case, the divergent section of the passage is acting
.as a subsonic diffuser. As p, is progressively lowered (curve AC in fig.
1-3), the pressure p, at the throat decreases and the velocity increases.
Eventually, at some particular value of p,, the throat velocity becomes
equel to the sonic velocity, or M,=1 (curve AD in fig. 1-3). Note
that p, is still higher than p,, and the gas still diffuses subsonically

Nozzle pressure ratio, p/p'

Length
Figure 1-5.—Nozzle flow processes.
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in the divergent section. Since the throat condition is now critical
(with p,=p.<p.), we see that the nozzle pressure ratio (p’/p.)
required to achieve the critical condition in a convergent-divergent
nozzle is less than the nozzle pressure ratio (p'/p.=p’/pe:) required to
achieve the critical condition in a simple convergent nozzle.

If p. is again lowered, the throat must remain at the critical
condition because equation (1-65) showed us that the throat is the
only place where the critical condition can exist. Thus, as with the
convergent nozzle, the throat state remains constant, and the mass
flow must remain constant at its maximum value. As long as the
critical condition is maintained at the throat, the nozzle is choked
and the convergent part of the nozzle continues to behave inde-
pendently of the conditions beyond the throat.

If the flow is to be supersonic and isentropic throughout the
divergent part of the nozzle, then for any given ratio of throat area
to discharge area, only one exhaust pressure p. will satisfy the con-
servation of mass and energy, as well as the isentropic process,
relations. This case is represented in figure 1-3 by curve AE, which
shows pressure falling continuously. It is unreasonable to assume
that flow is impossible between the values of p. that allow either
isentropic subsonic diffusion to some p.>p. (curve AD, fig. 1-3) or
isentropic supersonic expansion to some p,<p, (curve AE, fig. 1-3).,
The flow that does take place, therefore, cannot be isentropic.

Observing the gas flow under these nonisentropic conditions by
optical means reveals that surfaces of abrupt density changes occur
in the flow. These apparent discontinuities in the flow are shock
waves. Shock waves are of very small thickness, and the fluid state
changes may be considered as occurring instantaneously. Total
temperature across a shock remains constant but, even though there
is a rise in static pressure, there is a loss in total pressure because the
process occurs with an increase in entropy. Shocks may be strong or
weak. Strong shocks occur normal to the flow (and are thus called
normal shocks) and result in subsonic velocities downstream of the
shock. Weak shocks occur at some small angle with respect to the
flow direction (and are thus called oblique shocks), and the velocity
downstream of the shpck remains supersonic, but the Mach number
is dess than that upstream of the shock.

Let us now complete the discussion of convergent-divergent nozzles
for the region of pressure ratios between points D and E in figure 1-3.
If the exhaust pressure p, is reduced & little below the value at point
D, a normal shock occurs at some point in the divergent part of the
nozzle, and the pressure rises instantaneously to a value such that
isentropic subsonic diffusion occurs from the shock plane to the nozzle
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exit. The flow process in this case is illustrated by the path AKLF,
with AK being an isentropic expansion, KL being the normal shock,
and LF being the isentropic diffusion. As p, is reduced further, the
normal shock moves toward the nozzle exit, and the flow process is
represented by a path such as AMNG. At some value of p, correspond-
ing to point H, the normal shock will be right at the nozzle exit, and
the flow path in the nozzle is AEH.

For values of p, between points H and E, a normal shock cannot
occur because it is too strong and would result in a static pressure
higher than p.. In this case, the weaker oblique shock occurs at the
nozzle exit, with the shock becoming weaker as p, approaches point E.
When p, corresponds to point E, as mentioned previously, the nozzle
flow is again completely isentropic. For lower values of p,, the final
expansion from the nozzle-exit static pressure to p. occurs outside
the nozzle in a nonisentropic manner. .

It should be pointed out that the previous discussion and the proc-
esses shown in figure 1-3 are idealized. In actuality, the shock effects
do not occur exactly instantaneously and the pressure rise, although
abrupt, takes place over a finite distance. Also, real-fluid considera-
tions may produce effects that make the subsonic flow downstream of
a shock different from isentropic. The general processes, however, are
qualitatively similar to those shown in figure 1-3.

Thermodynamic-Property and Flow-Function Tables and Charts

In order to facilitate thermodynamic and flow calculations, many
sets of tables and charts have been constructed and published in
books and reports. Some of these are listed as references 3 to 7.

Thermodynamic properties of air and its combustion products as
functions of temperature are presented in references 3 and 4. These
charts and tables include the variation in heat capacity with tempera-
ture. The thermodynamic properties of air and also the individual
components of air and its combustion products (nitrogen, oxygen,
carbon dioxide, water vapor, and argon) are presented in references 4
and 5. Compressibility factors are also presented in reference 5. The
properties presented in reference 5 include the effect of pressure, as
well as temperature.

Isentropic compressible-flow functions (T/T’, p/p’, o/e’, A/A.;, and
others) astunctions of Mach number are presented in references 4, 6, and 7
for various values of heat-capacity ratio. Also included are tables and
charts for normal and oblique shock calculations. Reference 6 pre-
sents a listing of compressible flow function and shock function equa-
tions in terms of both Mach number and critical velocity ratio.
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SYMBOLS

flow area, m?; ft?

[acceleration, m/sec?; ft/sec

speed of sound, m/sec; ft/sec

general constants for polynomial, eq. (1-16)

heat capacity at constant pressure, J/(kg)(K); Btu/(Ib) (°R)

unbalanced force, N; b .

conversion constant, 1; 32.17 (Ibm)(ft)/(Ibf) (sec?)

specific enthalpy, J/kg; Btu/lb

conversion constant, 1; 778 (ft)(lb)/Btu

Mach number, defined by eq. (1-59)

molecular weight, kg/(kg mole); Ib/(Ib mole)

mass, kg; 1b

absolute pressure, N/m?; 1b/ft?

heat added to system, J/kg; Btu/lb

heat produced by friction, J/kg; Btu/lb

gas constant, J/(kg) (K); (ft)(Ibf)/(Ibm) (°R)

frictional resistance force, N; lb

universal gas constant, 8314 J/(kg mole)(K); 1545 (ft)(1bf)/
(Ib mole) °R)

specific entropy, J/(kg)(K); Btu/(Ib)(°R)

absolute temperature, K; °R

time, sec

specific internal energy, J/kg; Btu/lb

fluid absolute velocity, m/sec; ft/sec

specific volume, m®/kg; ft*/lb

mechanical work done by system, J/kg; Btu/lb

mass flow rate, kg/sec; lb/sec

length, m; ft

specific potential energy, J/kg; (ft)(bf)/lbm

compressibility factor, defined by eq. (1-4)

ratio of heat capacity at constant pressure to heat capacity
at constant volume

P density,&kg/m?; Ib/ft?
Subsecripts:

< critical state condition

cr critical flow condition (M=1)
e exhaust

t throat

Superscript:

’
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CHAPTER 2
Basic Turhine Concepts

By Arthur J. Glassman

This chapter introduces turbine geometric, flow, energy-transfer,
efficiency, and performance characteristics primarily by means of defi-
nitions, diagrams, and dimensionless parameters. Terms referring to
the blades and blading geometry are defined in the GLOSSARY, at
the end of this chapter.

TURBINE FLOW AND ENERGY TRANSFER
Analysis Coordinate System

An analysis of the flow and energy-transfer processes within a tur-
bine requires some convenient coordinate system. For fluid flowing
through a turning wheel, a logical system consists of one coordinate
directed parallel to the axis of rotation, one coordinate directed radi-
ally through the axis of rotation, and one coordinate directed tan-
gentially to the rotating wheel. These are the axial, radial, and
tangential directions indicated in figure 2-1.

These three coordinates form three planes. Analysis of flow in the
radial-axial plane depicts the circumferentially-averaged (or blade-to-
blade average) radial and axial variation of the desired flow param-
eters. For many types of calculations, we can ignore the circumferential
(or blade-te-blade) variation of parameter values and just use average
values. Such a calculation is called an axisymmetric analysis.

Calculations made in the axial-tangential or radial- tangential planes
are usually at some constant value (rather than for average conditions)
of the third coordinate. Velocity diagram, as well as blade-to-blade
velocity-variation, calculations are usually made in these planes. When
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F1eUre 2-1.—Velocity components for a generalized rotor.

flow is predominantly radial, such as at the inlet to a radial-flow
turbine, the radial-tangential plane is used. When flow is predomi-
nantly axial, such as in an axial-flow turbine, the axial-tangential
plane is used.

Velocity Vectors and Diagrams

One of the most, if not the most, important variables that we will
be concerned with in the analysis of turbine flow and energy transfer
is the fluid velocity and its variation in the different coordinate direc-
tions. To assist us in making these analyses and in depicting blading
shapes and types, we use velocity-vector diagrams.

For flow in and across the stators, the absolute velocities are of
interest. For flow in and across the rotors, velocities must be consid-
ered relative to the rotating blade. In terms of relative velocities and
other relative parameters to be discussed later in this chapter, flow in
a rotating blade row can be analyzed in & manner similar to the analvsis
of flow in a stationary passage. -
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Velocity-diagram calculations are made at locations upstream and
downstream of the various blade rows or at just infinitesimal distances
inside the blade rows. In making the velocity diagrams, the circum-
ferential variations in flow are not considered. The velocity vectors
represent the circumferential average of the flow.

The velocity diagram shows both the absolute and the relative
velocities. In making the velocity diagram, note that

Relative velocity=Absolute velocity—Blade velocity (2-1)

or

W=v-U (2-2)
where

W relative velocity vector .

V  absolute velocity vector

T blade velocity vector

Since blade velocity is always in the tangential direction, we need only
consider the magnitude, that is, the blade speed. So, we cen write

W=V-U (2-3)

The velocity diagram in figure 2-2 represents equation (2-3) and also
shows the components of the absolute and relative velocities. Assuming
this velocity diagram to be drawn in an axial-tangential plane, the
absolute and relative velocities can be expressed in terms of their

Absolute
angle
Relative of tlow,
angle e
of flow,
Bl
Vo Wy

Figure 2-2.—Typical velocity-vector diagram having tangential components
of absolute and relative velocities in the same direction.
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components in the axial and tangential directions as
=V 24+V,2 (2-4)
w 2=W:2+ Wuz (2"'5)

and

where

magnitude of V, m/sec; ft/sec

V. axial component of absolute velocity, m/sec; ft/sec

V. tangential component of absolute velocity, m/sec; ft/sec
W  magnitude of W, m/sec; ft/sec

W, axial component of relative velocity, m/sec; ft/sec

W. tangential component of relative velocity, m/sec; ft/sec

If this diagram (fig. 2-2) were drawn in the radial-tangential plane,
the values marked as axial components would be radial components.
From figure 2-2, we see that we can write

<

w.=V.—-U (2-6)

A sign convention must be established for the angles and the
tangential components of velocity, since not all velocity diagrams
are of the exact same geometricel shape as the example diagram
shown in figure 2-2. We could have, for example, the velocity dia-
gram shown in figure 2-3. In this instance, the tangential components
and flow angles of the absolute and relative velocities are directed
in opposite directions, and it is not obvious that equation (2-6) is
valid. Therefore, we will adopt and stick with the convention that

Relative  ~Absolute

angle of angle
flow, of flow,

i
{
|
P~ I a
|
|

L
i 1

Fieure 2-3.—Typical velocity-vector diagram having tangential components of
absolute ard relative velocities in opposite directions.
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all angles and tangential components of velocity are positive if they
are in the direction of the blade velocity and are negative if they are
in the direction opposite to the blade velocity. With this convention,
we can now see that equation (2-6) remains valid for the velocity
diagram shown in figure 2-3, where a small positive value of V,
minus a larger positive value of U yields a negative value for W..

Not all turbine analysts use the above convention for all cases.
Some use the above convention at a location immediately upstream
of & rotor and then switch positive and negative directions at locations
immediately downstream of a rotor. In many cases this avoids working
with negative values. Also, many analysts work with angles defined
with respect to the tangential direction rather than the axial direction
as we are using. Therefore, if you should have occasion to use velocity-
diagram information generated by someone else, make sure that
you are aware of the convention used in generating this information.

Energy Transfer

The basic energy-transfer relation for all turbomachines is rela
tively simple and is only & form of Newton’s Second Law of Motion
as applied to a fluid traversing a rotor. Figure 2-1 represents a rotor
of a generalized turbomachine, with 0-0 the axis of rotation and
 the angular velocity. Fluid enters the rotor at point 1, passes through
the rotor by any path, and is discharged at point 2. The directions
of the fluid at points 1 and 2 are at any arbitrary angle, and points
1 and 2 are at any radii r; and 75. A condition of steady state is as-
-sumed. Further, the velocity vectors at the inlet and the outlet are
regarded as representing the average values for the mass of flow
being considered.

The inlet and outlet velocity vectors can be resolved into the three
mutually perpendicular components discussed previously. The change
in magnitude of the axial velocity components through the rotor gives
rise to an axial force, which must be taken by a thrust bearing. The
change in magnitude of the radial velocity components gives rise to
a radial bearing load. Neither the axial nor the radial velocity compo-
nents have any effect on the angular motion of the rotor (except for
the effect of bearing friction). It is the change in magnitude and radius
of the tangential components of velocity that corresponds to a change
in angular momentum of the fluid and results in the desired energy
transfer.

Net rotor torque is equal to the difference between the inlet and
outlet products of tangential force times radius, or

T=(Fur)l~(Fur)2 (2"7)
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where

r  net torque, N-m; lb-ft
F, tangential force, N;1b
r  rtadius, m; ft

Applying equation (1-34) in the tangential direction, integrating from
V=0 at t=0 to V=V at t=t, and setting w=m/¢ yields

Fu=;_0 Vu (2‘8)

where
w rate of mass flow, kg/sec; lb/sec
g conversion constant, 1; 32.17 (Ibm) (ft)/(1bf) (sec?)

Substituting equation (2-8) into (2-7) then yields
T=§ Vu. O 1g£ Vu. 27'2:%) (Vu lrl_Vu. 27'2) (2_9)

Power (rate of energy transfer) is equal to the product of torque and
angular velocity:

P=t—}“)=ng] w(TI}/u. 1—72Vu.2) (2-10)

where

P net power, W; Btu/sec

« angular velocity, rad/sec

J conversion constant, 1; 778 (ft)(1b)/Btu

Since
ra=U (2-11)
we can write
P=§f—, (UVur—TaVa) (2-12)
But
P=wAk (2-13)

where &’ is total enthalpy, in J/kg or Btu/lb. Substituting equation
(2-13) into equation (2-12) yields

B

Ah'=§lj (Uqu.l_UZVu. 2) (2"14)

where Ab’ is here defined as hy—h,.

Equation (2-14) is the basic work equation for all forms of turbo-
machines and is called the Euler equation. All the energy transfer
between the fluid and the rotor must be accounted for by the difference
. between the two UV, terms. The way enuation (2-14) is stated, it
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can be seen that AR’ must be positive for a turbine. This is consistent
with the energy balance, equation (1-46), where work done by the
fluid is defined as positive.

It is useful to transform the Euler equation into another form. This
will be done with the aid of figure 2-4, which shows an axial-flow
turbine blade section along with the velocity diagrams for the inlet
and outlet. The velocity diagrams are in axial-tangential planes.
There is assumed to be no radial component of velocity at either the
inlet or the outlet locations, although these locations are not neces-
sarily at the same radius. Actually, the following derivation also can
be made for a general three-dimensional case.

From equations (2-4) and (2-5), we get

Vi=V2-V,? (2-15)

and
Wi=W?—W,2 (2—-16)

Substituting equation (2-6) into (2-16) gives

V1" W1

Direction
of rotation

\
"Vu, 2

Ficure 2-4.—Rotor section with inlet- and exit-velocity-vector diagrams.
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W2=Ww?—(V,—U)* (2-17)
Since V,= W,, combining equations (2-15) and (2-17) yields
ViV 2=W?-V2+2U0V,—U? (2-18)
Therefore,
UV.=5 (V4 U=W? (2-19)

Now, adding subscripts for inlet and outlet yields

U V=g (VoUW (2-20)

U2Vu. 2=% (sz‘*“ Uzz—sz) (2'21)

Inserting these values into the Euler equation (eq. (2-14)) finally
yields

AW =gy (VA= Vi Up=Ud+ W =W (2-22)

Equation (2-22) is an alternative form of the basic energy-transfer
relation.

By definition,
AN =h{—hy=h PN & (2-23)
1 1 2gJ 2gJ

Therefore, comparison of equation (2-22) with equation (2-23)
shows that

sy — =g (U2 = U4 W= W) (2-24)

Thus, the U? and W? terms of equation (2-22) represent the change
in static enthalpy across the rotor, while the V2 terms represent the
change in absolute kinetic energy across the rotor. These three pairs
of terms are sometimes referred to as the components of energy
transfer.

Blade Loading

As mentioned previously, it is the change in the tangential momen-
tum of the fluid that results in the transfer of energy from the fluid to
the rotor. The following discussion and figure 2-5 concern the cause
of this change in tangential momentum and the way in which the
energy is actually transferred to the wheel.

As the fluid flows through the curved passage between each pair of
blades, a centrifugal force acts on it in the direction of the pressure
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Stations 2
]
Pressure .~
surface =~
/ /~ Suction
/ surface
Flow ‘ 4 :
' Flow
Axial chord
pll
,~Pressure surface
8!
e
2
s
«

Suction surface~

Axial distance

F1eure 2-5.—Blade row with surface static-pressure distribution.
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(concave) surface. Since the fluid is constrained and, therefore, not
free to move in the direction of the centrifugal force, a pressure force
must be established to balance the centrifugal force and turn the fluid
through its curved path. The pressure force is directed normal to
the flow and toward the suction (convex) surface. Thus, the pressure
in the passage is highest at the pressure surface and lowest at the
suction surface.

The resulting distribution of static pressure on the blade surfaces
is illustrated in figure 2-5, where pressure is plotted against axial
distance. At or near the blade leading edge there is a stagnation point
where the velocity becomes zero and the pressure reaches its stagna-
tion value. The stagnation point is the dividing point for the fluid
flowing around to the two sides of the blade. From the stagnation
point, the pressure along the blade surfaces decreases toward the blade
trailing edge. On the suction surface, the static pressure will often de-
crease below the exit pressure and then increase back up to the exit
pressure,

The pressure-distribution curve illustrated in figure 2-5 is called
the blade-loading diagram. The area between the curves represents
the blade force acting in the tangential direction.

Relative Conditions

Flow in a rotating passage can be analyzed in a manner similar to
flow in a stationary passage by considering conditions relative to the
moving passage. Let us first define relative total enthalpy in a manner
similar to the definition of absolute total enthalpy.

W2
29J

where A’’ is relative total enthalpy, in J/kg or Btu/lb. Now let us
examine what happens to relative total enthalpy as the fluid flows
through the rotor. If in equation (2-24) we substitute for W? according
to equation (2-25), we get

h''=h+ (2-25)

h;l—'h;’=U22_U12

Therefore, we see that the relative total enthalpy of the fluid flowing
through the rotor changes only if there is a change in the blade speed.
For purely axial flow, where there is no change in radius and, conse-
quently, no change in blade speed, the relative total enthalpy remains
constant for the rotor flow process.

We can also define a temperature that corresponds to relative total
enthalpy. This i3 called the relative total temperature, T’ When
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ideal-gas-law behavior and constant heat capacity can be assumed,
we can write

W' —h=c,(T"'—T) (2-27)
where
¢, heat capacity at constant pressure, J/(kg) (K); Btu/(1b)(°R)
T absolute temperature, K; °R

Combining equation (2-27) with equation (2-25) then yields

gy W -
T"=T+3,7s, (2-28)

_From equation (1-51) and equation (2-28), we see that the absolute
and relative total temperatures are related as follows:

VW

[ J7 .
T'-T 297¢, (2-29)
For the rotor flow process, we can write
T by —h = (Ty —T7) (2-30)
Combining this with equation (2-26) shows that
1y I/_U.zz—ljl2
YTy =i (2-31)

Therefore, relative total temperature, like relative total enthalpy,
depends only on blade speed and remains constant for purely axial
flow through a rotor.

Relative total pressure can be defined as the pressure of a fluid
brought to rest isentropically from a relative velocity W and a static

pressure p. Therefore,

zﬁ_(_’-’;')”"'” 9-32

—=(7 (2-32)

where

p'’ relative total pressure, N/m?; 1b/ft?

y  ratio of heat capacity at constant pressure to heat capacity at
constant volume

From this equation and equation (1-52), we also see that

1 TN :
%T:‘ 77) (2-33)

For the rotor flow process, relative total pressure can increase, de-
crease, or remain constant, depending on the change in relative total
temperature and on the losses. For purely axial flow, relative total
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pressure will remain constant only if the flow is isentropic; otherwise,
it must decrease.
We can define a relative Mach number M,,; as

Mrel=‘j_7 (2—34)
a
and a relative critical velocity as
I/Vcr=a«cr rel=‘J——_—2‘Y gRT” (2—35)
' 7+1

where
W.  critical velocity, m/sec; ft/sec
@er.er Speed of sound at relative critical condition, m/sec; ft/sec

R gas constant, J/(kg)(K); {(ft)(1b)/(Ib) (°R)

Then, in & manner similar to the way we derived equations (1-60)
and (1-64), we can get -

Nt _
=145 M, (2-36)
and W
T _. y-1(WY _
=551 () (#=37)
Reaction

The fraction of total energy transfer (change in absolute total
enthalpy) that is obtained by a change in static enthalpy is one im-
portant way of classifying a turbine stage. The ‘change in kinetic
energy as a fraction of the exit kinetic energy is one important way of
classifyving a blade row. The parameter used in both cases is the degree
of reaction, or more simply, the reaction. Reaction is used for classifying
types of velocity diagrams, and it is also an important parameter for
correlating losses.

Stage reaction.—Stage reaction is defined as the change in static
enthalpy across the rotor as a fraction of the change in absolute total
enthalpy across the stage. Note that the change in absolute total
enthalpy across the stage is the same as the change in absolute total
enthalpy across the rotor, since total enthalpy remains constant
through the stator. According to the above definition of stage reaction,
we can write

Ruu=ii = (2-38)
where R, is stage reaction, and the subscripts 1 and 2 refer to con-
ditions upstream and downstream of the rotor, respectively.

32



BASIC TURBINE CONCEPTS

The preceding equation for reaction can be expressed in terms of
velocities. Substituting equations (2-22) and (2-24) into equation
(2-38) yields

(Ue=UH+ W ~W,?)

R“‘= ( V12_ V22) + (U12_ U22) + (W22_W12)

(2-39)

Reaction can be positive, negative, or zero, depending on the values of
(U2=1U,%) and (W —W?). ’

Zero reaction is one important value that characterizes a particular
stage design. If R,,,=0, there is no change in static enthalpy in the
rotor, and all the work done by the stage is a result of the change in
absolute kinetic energy across the stage. This stage is called an impulse
stage. In the general case where the fluid enters and leaves the rotor
at different radii, an impulse stage may result from having a change
of static enthalpy in one direction contributed by the centrifugal (U?)
effect and an equal change in the other direction contributed by the
relative-velocity effect. For purely axial flow, any change in static
enthalpy must be caused by a change of relative velocity only. Thus,
an axial-flow impulse stage must have W,=W,.

Some people define impulse on the basis of no change in static
pressure in the rotor rather than no change in static enthalpy. This
definition in terms of static pressure is approximately the same as that
used herein. The difference is due to losses. For isentropic flow, the
definitions exactly coincide.

Simple examples of impulse turbines are the child’s pinwheel. the
windmill, or the paddle wheel operated by the impingement of a fluid
from a stationary nozzle. A simple example of a reaction turbine is
the lawn sprinkler that ejects the water from nozzles, thus causing
rotation.

Blade-row reaction.—Blade-row reaction is defined as the kinetic
energy developed within the blade row as a fraction of the kinetic
energy at the blade-row exit. These are the kinetic energies relative
to that blade row. For a stator or axial-flow rotor, the change in
kinetic energy corresponds to the change in static enthalpy. Therefore,
blade-row reaction regresents an effect similar to that represented by
stage reaction.

For a stator blade row, reaction is defined as

V-V Vg

R==1, =11, (2-40)

Vv

where R,,is stator reaction. For a rotor blade row, reaction is defined
as
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_We-wr_ Wy
Bry="" =1y (2-41)

where R,, is rotor reaction. The subscripts 0, 1, and 2 refer to condi-
tions upstream of the stator, downstream of the stator, and down-
stream of the rotor, respectively.

In some literature, the blade-row reaction is defined in terms of
velocities instead of kinetic energies. This definition is similar to
equations (2—40) and (2-41) except that the velocities appear to the
first power rather than squared (i.e., V rather than V?).

Turbine Expansion Process

For all adiabatic expansion processes, the maximum energy trans-
formation (development of kinetic energy) or energy transfer (de-
velopment of mechanical work) for a given pressure ratio is obtained
when the process is isentropic. This can be proven from the previously
presented equations (but we will not do it here), and we will illustrate
this fact graphically a little later in this discussion. With the ideal-
gas-law and constant-heat-capacity assumptions, we have previously
shown that energies and energy changes can be represented by tem-
peratures and temperature changes. Therefore, with temperature,
pressure, and entropy all being variables of interest, we can con-
veniently represent the ideal (isentropic) and actual expansion
processes in a turbine by means of a temperature-entropy diagram.

The temperature-entropy diagram is a plot of temperature against
entropy for lines of constant pressure. Since entropy increases with
increasing temperature and decreasing pressure, as can be seen from

Constant-entropy-

process line n
|
I
. |
o I
g | P1>P2> Py
5 |
=
P3
pu /
|
]
Entropy,

Figure 2-6.—Typical temperature-entropy diagram.
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the discussion of the constant-entropy-process thermodynamics in
chapter 1, a temperature-entropy, or T-s, diagram looks like the
example shown in figure 2-6. A constant-entropy process is repre-
sented by a vertical line. At increasing values of temperature and
entropy, the pressure curves diverge; therefore, at increasing values
of constant entropy, the temperature difference between any two
given pressure curves is also increasing.

For the purposes of clarity, the turbine expansion process will be
divided into four steps, with each shown in a separate T-s diagram.
These four diagrams will then be combined into a single diagram.
The four diagrams represent the stator expansion process (fig. 2-7(a)),
the relation between absolute and relative conditions at the stator

. Ph* Py, id
v . )
\.__a_ 3 ]
B,
ol b
-1 *\1 ) ' A
K I
* %icy P
! - P
LI ~ Viia !
ey
1 : 1
(@ b}

Temperature, T

Entropy, s
(a) Expansion process across stator. (b) Relation between absolute and
relative conditions at stator exit.
(c) Expansion process across rotor. (d) Relation between relative and

absolute conditions at rotor exit.

Ficure 2-7.—Temperature-entropy diagrams for flow-process steps of an axial-
flow turbine.

. 35



TURBINE DESIGN AND APPLIC.TION

exit (fig. 2-7(b)), the rotor expansion process relative to the moving
blades (fig. 2-7(c)), and the relation between relative and absolute
conditions at the rotor exit (fig. 2-7(d)).

Figure 2-7(a) shows the expansion process across the stator. The
four constant-pressure curves represent the static and absolute total
pressures before and after the expansion. The kinet'c energy at each
state is represented by the vertical distance between the static state
point and the total state point in accordance with equation (1-51). If
the expansion process were isentropic, the final state would be that
indicated by the subscript 1,id. The actual process proceeds from
state 0 to state 1 with a small increase in entropy, as indicated by
the small arrows. It can be noted that the kinetic energy developed
by the actual process is less than would be developed by the ideal
process.

As mentioned previously, we analyze flow through the rotor in
terms of relative conditions. Figure 2-7(b) shows the relation between
the absolute and relative total states at the stator exit. These states
are related isentropically, and the absolute and relative kinetic en-
gies and total temperatures are indicated in the figure.

The expansion process across the rotor is shown in figure 2-7(c) in
terms of the relative conditions. The four constant-pressure curves
represent the static and relative total pressures before and after the
expansion. For simplicity, axial flow is assumed, so that T}'=T;".
If the expansion were isentropic, the final state would be that indicated
by the subscript 2,id. The actual process proceeds from state 1 to
state 2, as indicated by the small arrows, with an increase in entropy.
Here again it can be noted that the relative kinetic energy developed
by the actual process is less than would be developed by an ideal
process.

The relation between the relative and absolute total states at the
rotor exit is shown in figure 2-7(d). These states are related isen-
tropically, and the relative and absolute kinetic energies at the stage
exit are indicated.

The four diagrams of figure 2-7 are now combined into one diagram
shown as figure 2-8. The static, absolute total, and relative total
state processes fof, the turbine expansion are indicated by the arrows
through the appropriate state points. For the time being, ignore the
enthalpy differences indicated on the right of the figure. Note that the
point (p,, T2 ), which is on the state 1 constant-entropy line in
figure 2-7(c), is not the same point as indicated in figure 2-8, where
it is on the state 0 constant-entropy line. In figure 2-7(c), the sub-
script 2,id refers to the ideal expansion across the rotor alone. In
figure 2-8, the subscript 2,id refers to the ideal expansion across the
entire stage (both stator and rotor). The meaning of tl 2 subscript 2,id
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Ficure 2-8.—Temperature-entropy diagram for a stage of an axial-flow turbine.

is, therefore, ambiguous but is commonly used in both senses. It is
obvious from figure 2-8 that the work obtained from the real turbine
process (as represented by T;—T;) is less than the work that could
be obtained from en ideal turbine process (as represented by
T 0 T;. 1a)-

Blade-Row Efficiency

Since turbine blade rows do not operate isentropically, we need a
parameter to express blade-row performance. One common parameter
used for this purpose is blade-row efficiency, which is defined as the
actual exit kinetic energy divided by the ideal exit kinetic energy of the
blade row. For the stator,

’7:==$‘ (2-42)

1,14
where n,, is stator efficiency. The relation between Vi and Vi is
indicated in figure 2-7(a). By applying equations (1-51), (1-52), and
(1-55), we get

(r=0/7r
2 =2gJc,Ts [1—(%) ] (2-43)
For the rotor
w3
ro— 2—44
"W (248

where n,, is rotor efficiency. The relation between W? and Wi,
is indicated in figure 2-7(c). For purely axial flow, '
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(Y137 .
2 w=2gJ ¢, T [1—<Z%) :I (2-45)
1

Thus, with inlet conditions and efficiency known for a given blade row,
it is possible to calculate exit velocity for a specified exit static pressure.
Blade-row performance in terms of kinetic energy is sometimes
expressed as a loss rather than as an efficiency, as

=1—p (2-46)

where ¢ is the kinetic-energy loss coefficient.

Blade-row performance also can be expressed in terms of a loss in
total pressure. Several coefficients of this type have been used, each
differing by the normalizing parameter used to make the coefficient
dimensionless. Inlet total pressure, exit ideal dynamic head, and exit
actual dynamic head have all been used for this purpose as follows:

Stator: Axial rotor:
y, =R ) G (2-478)
Do y 4
y,=DB"2 Y, =2 =P (2-47b)
DPo—Dh D1 —P: '
y,=R—B y,, =B P (2-47¢)
Dh—D Ps —D2

where ¥, ¥/, and Y’/ are total-pressure loss coefficients. Relations
between the kinetic-energy loss coefficient and the various total-
pressure loss coefficients can be derived. These relations are not simply
stated, and they involve a Mach number dependency.

Turbine and Stage Efficiencies

Turbine or stage energy transfer is maximum when the expansion
process is isentropic. Since the process is never isentropic, we need a
parameter for expressing turbine or stage performance. The parameter
that we use is the turbine or stage efficiency, which is defined as the
ratio of actual engrgy transfer to ideal (isentropic) energy transfer.
This efficiency is known as the isentropic or adiabatic efficiency. The
several different ways that we cah apply the above definition are
discussed in the sections to follow.

Overall efficiency.—Overall efficiency refers to the overall turbine or
stage process. It is the ratio of actual energy transferred in the turbine
or stage to the ideal energy transfer based on isentropic flow from
the turbine or stage inlet condition to the exit pressure. Note that
we are discussing aerodynamic efficiency and are not, at present,
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considering mechanical inefficiencies due to items such as bearing and
seal friction.

We will define actual energy transfer as the shaft work done by the
turbine. This definition is the one used by most people; occasionally,
however, actual energy transfer is defined as shaft work plus exit kinetic
energy. Actual energy transfer as defined herein is the decrease in
absolute total enthalpy across the turbine or stage, and this is indicated
in figure 2-8.

low we must consider whether to define the ideal energy available
to do work on the basis of static or total conditions. At the inlet, the
total state is always used because the inlet kinetic energy is available
for conversion to shaft work. At the turbine or stage exit, static
conditions are sometimes used and total conditions are sometimes
used. If the turbine exhaust-flow kinetic energy is dissipated, as in a
plenum, then the exit kinetic energy is just wasted. This wasted kinetic
energy could have been put to use if it could have been converted to
shaft work in the turbine. In such a case, we use the exit static state
for the computation of ideal work because it would be desirable to
expand down to the exit static state with zero exit kinetic energy. In
this desirable ideal case, the exit total state would equal the exit
static state.

If we were considering a multistage turbine in the above situation,
the kinetic energy from only the last stage would be considered as a
loss. The kinetic energies leaving the other stages are not wasted, but
are carried over to the next stage, where they may be converted to
shaft work. Thus, the last stage is rated on the basis of its exit static
condition, while the other stages are rated on the basis of their exit
total conditions.

In cases where the turbine-exit kinetic energy serves a useful pur-
pose, the entire turbine is rated on the basis of ideal work computed
from the exit total state conditions. The most obvious example of this
case is the jet-engine turbine. Here the gas must be expanded to a
high velocity before leaving the engine, and, therefore, a high velocity
leaving the turbine is not a waste.

The efficiency based on the ideal work available between the inlet
total and exit static conditions is called the static efficiency. The
efficiency based on the ideal work available between the inlet total and
exit total conditions is called the total efficiency. The conditions
represented by the ideal enthalpy decrease for each of these cases are
indicated in figure 2-8. It can be seen that the ideal work based on
the exit total condition must be less (as long as there is some exit
kinetic energy) than that based on the exit static condition. Thus, total
efficiency is always higher than static efficiency, with the difference
between the two increasing with increasing exit kinetic energy.
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Overall turbine efficiency 7 and stage efficiency n,, are defined by
similar equations. The subscripts in and ez are used to denote turbine
inlet and exit conditions, instead of the subscripts 0 and 2 used for the
stage. Overall turbine static efficiency can be expressed as

- Ah’ —h.:

e 2
= Ahtd h{n hfd.az ( _48a)

For the ideal-gas-law and constant-heat-capaclty assumptions, this

reduces to
—T..

[ (p z>" ””] (2-48b)

Overall turbine total efficiency is expressed as

14
- Ah’ ;n_hu

= ; 2-49a
? M(d in '—htd. ez ( )

For the ideal-gas-law and constant-heat-capacity assumptions, this

reduces to
Ttn

[ <p )(‘v-l)h] (2_49b)

Stage total and static efficiencies are similarly defined but with the
appropriate subscripts.

Relation of turbine efficiency to stage efficiency.—The overall turbine
efficiency is useful as a measure of the overall performance of the
turbine. However, it is not a true indication of the efficiency of the
stages comprising the turbine. There is an inherent thermodynamic
effect hidden in the overall turbine efficiency expression. If equation
(2-48b) or (2-49b) were written for a stage, it could be seen that for
a given stage pressure ratio and stage efficiency, the energy transfer,
which for a stage would be (T';—1T), is proportional to the tempera-
ture of the gas entering the stage. For a turbine, as can be seen from
figure 2-8, the losses of one stage appear in the form of a higher tem-
perature gas entering the following stage (T2>T, ). This following
stage is then capable of delivering additional work. Therefore, even
though-all the individual stages may have the same stage efficiency, -
the overall turbine efficiency still depends on the pressure ratio and
the number of stages.

This effect can be shown by means of a temperature-entropy dia-
gram, such as figure 2-9. The solid vertical line 0-2,id represents
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FiourE 2-8.—Temperature-entropy diagram showing reheat effect in a multistage
turbine.

isentropic expansion from inlet pressure p; to exit pressure p;. The
dashed line 0-2 represents the process of overall turbine efficiency 7’
taking place in three stages, each having the same stage efficiency Moo
The actual work obtained from each stage is n; Ahig . Wwhere
Ah)g og is the ideal work for a stage. As mentioned previously, the
difference of temperature between lines of constant pressure increases
with increasing values of entropy. Hence, for the second stage (p4 to
p4), the isentropic work represented by the line C-D is greater than
, that represented by®A-B. Thus, the isentropic work for this stage is
greater by virtue of the inefficiency of the previous stage and, for
constant stage efficiency, the actual work will be greater. Similarly,
E-F is greater than B-2,id. With lines 0-A, C-D, and E-F represent-
ing the ideal work for the three stages, and Z Ahis e representing
the sum of these, it can be seen that = Akj,, is greater than Aklq,
which is the turbine ideal work represented by the sum of 0-A, A-B,
and B-2,:d.
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The total actual turbine work obtained from the expansion from p,
to p; can be represented by either n" Ahk{; or n,, Z Ak, and
these two values must be equal. Thus,

7 BRia= 11 T Ahig e (2-50)
or
bd 4 ’
n 2 Mid,slg
= dou 2-51
Nacg Akl (2-51)

Since T Ahig s >AR)4, the turbine overall isentropic efficiency is
greater than the stage isentropic efficiencies, or 7 >

This effect in turbines is called the ‘“‘reheat’” effect. This must not
be confused with the process of adding heat from an external source
between stages, which is also called ‘“‘reheat”.

The equation for calculating overall turbine efficiency for several
stages of constant stage pressure ratio p:/p, and constant stage
efficiency 7, is

B NOr=Dfy n
1_{1"7);:. 1_<£";> ]}
;"I — = Po :
1— P_,)ﬂl(v—l)h]
Do

(2-52)

where 7 is the number of stages. The derivation of this equation can
be found in reference 1.

The fact that stage efficiency differs from turbine efficiency,depending
on the pressure ratio, raises an important consideration. A comparison
of turbine efficiencies of two machines. of different pressure ratios is
not a true comparison of their aerodynamic behavior, as the one of
higher pressure ratio is helped by the reheat effect. It would be de-
sirable to be able to express a true aerodynamic efficiency for a turbine.
In order to eliminate all reheat effect, this would have to be the effi-
ciency of an infinitesimally small stage.

Infinitesimal-stage efficiency.—Starting from pressure p and
temperature 7T, suppose a gas is expanded to pressuré (p—dp) and
temperature (T'—d7), where dT is the increment of temperature for
an infinitesimal stage of isentropic efficiency »,. By using the isen-
tropic-efficiency definition, we write

dT=n,T|:1—(P——‘de)""”’:| (2-53)
and
(ry—nH
g]_gv=np[l_(l—gp}) ki 1/7] (2_54)
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These equations are not quite rigorously in accord with the isentropic-
efficiency definition. Some authors ignore the fact that the actual work
differential should be proportional to the total-temperature differen-
tial rather than the static-temperature differential. Other authors
make the assumption that there is no change in kinetic energy across
the infinitesimal stage, so that d7”=dT. However, it always seems to
be the static temperature that is used in the infinitesimal-efficiency
expression.

Using the series expansion approximation (l1+z)"=1+nz for
evaluation of equation (2-54) yields

dT_  y—1dp }
T—ﬂp v P (2 55)

Integrating between the turbine inlet and exit yields

In gﬂ'
= 2-56
‘qﬂ 7_1 ln 2{_" ( )
7 pez
Equation (2-56) can be written as
SLr=1/m
.5;;_:= IZ;_) (2-57)

The infinitesimal-stage efficiency 7, is supposedly the true aero-
dynamic efficiency, exclusive of the effect of pressure ratio. This
efficiency is also known as the polytropic efficiency. This name arises
from the method of expressing an irreversible process path as pv"=
constant, where n is called the polytropic exponent, and the process is
called a polytropic process. Substituting for » from the ideal gas law,
we get for the polytropic process

(n=1)/n
T %ﬁ) (2-58)

Equations (2-57) and (2-58) are very similar, and if the turbine
process were to be expressed as a polytropic process, then we could
relate polytropic efficiency and the polytropic exponent as

n—1__ y—1 _
=, o (2-59)

If we neglect inlet and exit kinetic energies for the overall turbine
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process, we can relate turbine overall efficiency to polytropic effi-
ciency. Actual temperature drop could be expressed as

_ Do \TTVT
Tm—1;=nTm[ - 57) ] (2-60)

P n [(Y=1)/7]
Tin—T¢z=T{n {1"‘(—”) ® } (2—61)
in

Equating (2-60) with (2-61) then yields

Dez np ((Y—1) /7]
1—{ Bez
Din

n= 1— k)(—r—n/v
Din

or

(2-62)

This relation is illustrated in figure 2-10. The two efficiencies ap-
proach each other as pressure ratio and efficiency each approach
unity. However, at higher pressure ratios, especially at lower effi-
ciency levels, the two efficiencies can differ significantly.

1.0—
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> Turbine
§ pressure
ks} ratio
3
5 8 2
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£
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I 1
T | | | |
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Turbine po|y1r6pic efficiency, n'p

Ficure 2-10.—Relation between turbine overall and polytropic efficiencies.
Specific heat ratio v, 1.4.
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DIMENSIONLESS PARAMETERS-

Dimensionless parameters serve to classify velocity diagrams,
classify turbine geometry, and correlate turbine performance. A
number of the more commonly used dimensionless parameters are
introduced and discussed in this section. The basis for the use of
dimensionless parameters is dimensional analysis.

Dimensional Analysis

Dimensional analysis is a procedure that allows a group of variables
comprising a physical relation to be arranged so that they throw some
light on the nature of the relation. It is a procedure for grouping the
variables into & smaller number of dimensionless groups, each con-
taining two or more variables. The number of such groups will be
the minimum necéssary to include all the variables at least once and
to represerit the physical felation between them. The basis of dimen-
sional analysis as a formal procedure is the r-Theorem, which states
that a complete physical equation may be expressed in the form of a
number of terms, each term representing a product of powers of
some of the variables and forming a dimensionless group. The formal
procedure for obtaining the dimensionless groups from the pertinent
variables is presented in many texts, including reference 1, which
served as the basis for this discussion.

Application of dimensional analysis to the general problem of fluid
flow yields considerable insight into the nature of the basic physical
relations. The resultant dimensionless terms represent ratios of
dimensions, ratios of forces, and ratios of velocities. The geometrical
term implies that shape (as a ratio of linear dimensions), rather than
the actual magnitude of each linear dimension by itself, is a con trolling
factor. Another term expresses the ratio of the force due to the change
of pressure in the fluid to the inertia force due to the motion of the
fluid. This is a basic flow parameter characteristic of an analysis
based on an ideal fluid. There are other dimensionless groups, based
on various attributes of a real fluid, that modify the ideal relations.
These include the Reynolds number, which expresses the effect of
viscous forces; the Weber number, which expresses surface-tension
effects; an elasticity parameter (which for a gas reduces to the Mach
number), which expresses compressibility effects; and the Froude
number, which expresses gravitational effects. Of these terms ex-
pressing real fluid effects,"in general, the Reynolds and Mach numbers
are the significant parameters for gas flow.

The concept of dimensionless groups as ratios of geometric, kine-
matic, and dynemic quantities leads to the idea of similarity or
similitude. If two operating conditions are such that all the dimen-
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sionless terms have the same value, regardless of the individual values
of the separate variables, then exactly similar physical conditions are
obtained. Complete physical similarity implies (1) geometric similar-
ity, which means that the linear dimension ratios are everywhere the
same; (2) kinematic similarity, which means that the velocity ratios
are the same; and (3) dynamic similarity, which means that the ratios
of the different forces are the same. It is doubtful whether complete
physical similarity is ever attained, but for most practical purposes it
can be approached sufficiently closely to be of great utility. One use
of similarity is the operation of models of smaller linear scale so that
relatively inexpensive experiments can be performed with the results
applicable to the full-size machine. Another use of similarity involves
the operation of machines with the fluid at or near ambient conditions
rather than at some severe design condition.

Turbomachine Operational Parameters

Application of dimensional analysis to the general problem of fluid
flow results in the previously mentioned set of parameters. These
parameters are important for the detailed examination of flow within
the blade rows of turbomachines. In addition, dimensional analysis
has great utility in the analysis of the overall operational character-
istics. For any turbomachine, we are interested in the relation of head
(for compressible flow, this relates to ideal work), flow rate, and power
in conjunction with size, speed, and the properties of the fluid. The
following variables are used to demonstrate some of the more impor-
tant relations:

Volume flow rate, @, m®/sec or ft*/sec

Head, H, J/kg or (ft)(1bf)/lbm

Power, P, W or Btu/sec

Rotative speed, N, rad/sec or rev/min

Characteristic linear dimension, D, n1 or ft

Fluid density, p, kg/m?® or lb/ft?

Fluid viscosity, u, (N)(sec)/m? or lbm/(ft) (sec)

Fluid elasticity, £, N/m? or Ibf/ft?

From these variables, five dimensionless groups can be formed. If we
drop the dimensional conversion constants in order to ease the manipu-
lation, the five dimensionless groups can be expressed as

_Q_—f H ’ P 1PND2’ E )
NDven (sz2 oNDY o pND?

(2-63)

The capacity, or flow rate, is expressed in dimensionless form by
Q/NIF, which is called the capacity coefficient. It can be further
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represented as
Q VA VD*_ V ¥V
NDICND“ND**ND*T

(2-64)

Thus, the capacity coefficient is equivalent to V/U, and a given value
of Q/ND® implies a particular relation of fluid velocity to blade speed
or, in kinematic terms, similar velocity diagrams.

The head is expressed in dimensionless form by H/N?D?  which is
called the head coefficient. This can be represented as

F}ZID—? o« 5.1-5 (2-65)
Thus, a given value of H/N?D? implies a particular relation of head
to rotor kinetic energy, or dynamic similarity.

The term P/pN®D* is a power coefficient. It represents the actual
power and thus is related to the capacity and head coefficients, as
well as to the efficiency. .

The term pND%u is the Reynolds number, or viscous effect coeffi-
cient. Its effect on overall turbine performance, while still important,
can be regarded as secondary. The Reynolds number effect will be
discussed separately later in this chapter.

The term E/pN?D* is the compressibility coefficient. Its effect
depends on the level of Mach number. At low Mach number, where
the gas is relatively incompressible, the effect is negligible or very
secondary. As Mach number increases, the compressibility effect
becomes increasingly significant.

Velocity-Diagram Parameters

We have seen that the ratio of fluid velocity to blade velocity and
the ratio of fluid energy to blade energy are important factors required
for achieving similarity in turbomachines. Since completely similar
machines should perform similarly, these factors become important as
a means for correlating performance. Since the factors V/U and
H/U? are related to the velocity diagrams, factors of this type are
referred to as velocity-diagram parameters.

Several velocity-diagram parameters are commonly used in turbine
work. Most of these are used primarily with respect to axial-flow
turbines. One of these parameters is the speed-work parameter

U2

)‘=gJAh’

(2-66)

The reciprocal of the speed-work parameter is also often used, and it
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is referred to as the loading factor or loadjng coefficient
W—l——" - (2-67)
=i=

For an axial-flow turbine, we can write

UaV,
r___ u —
AR = o7 (2-68)
Therefore, equations (2-66) and (2-67) can be expressed as
1 U
A==y (2-69)
Another parameter often used is the blade-jet speed ratio
U
V—V, (2-70)

where V, is the jet, or spouting, velocity, in m/sec or ft/sec. The jet,
or spouting, velocity is defined as the velocity corresponding to the
ideal expansion from inlet total to exit static conditions across the
stage or turbine. That is,

V12=2gJAh¢¢ (2"71)
Substitution of equation (2-71) back into equation (2-70) yields
U
’ ‘\/ 2gJ Ahy ( )

A relation between the blade-jet speed ratio and the speed-work
perameter can be obtained by use of equations (2-66) and (2-72) and
the static efficiency definition

AR’
== 2"73
K A‘z‘(d ( )
The resultant relation is
y= %’1 ’ (2-74)

This shows that if efficiency is a function of one of these parameters it
must also be a function of the other. While the speed-work parameter
is directly related only to the actual veloosty diagram, the blade-jet
speed ratio is related to the velocity diagram and to the efficiency.
Another frequently used velocity-diagram parameter is the flow
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factor, or flow coefficient ’
V.
=1 (2-75)

The flow coefficient can be related to the loading coefficient as follows:

Vi (Vo (Ver) (AV _
=i=(v2) (3) (T (2-76)

By using equation (2-69) and the velocity-diagram geometry, we get

’

o=V cot oy 1‘{%) (2-77)

The term V, ./AV, cannot be completely generalized. However, for
specific types of velocity diagrams, such as will be discussed in the
next chapter, this term becomes a function of loading coefficient alone
(a different function for each type of velocity diagram). Therefore, for
each of the different types of velocity diagrams, the flow coefficient
can be expressed in terms of the loading coefficient and the stator exit
angle.

It is thus seen that these four velocity-diagram parameters are
related to each other. In addition, efficiency can be related to these
parameters. This will be shown for an idealized specific case in the
next section and for a somewhat more general real case in the next
chapter. Where a particular type of velocity diagram is specified, only
one of the velocity-diagram parameters is required for correlating
efficiency. We at Lewis generally use the speed-work parameter
or the blade-jet speed ratio. For a more general efficiency correlation,
two of these parameters are required. One parameter must be the
flow coefficient, and the other is usually the loading coefficient.

Relation of Efficiency to Velocity-Diagram Parameters

We will now show for an idealized specific case how static efficiency
can be related mathematically to the blade-jet speed ratio. Assume
that we have a single axial-flow (U,=U,) impulse (W,=W;) stage
with constant axial velocity (Ve1=V,4). A velocity diagram for a
stage of this type is shown in figure 2-11. Further assume that flow
.through this turbine stage is isentropic (total efficiency 7'=1). The
only loss, therefore, is exit kinetic energy. The static efficiency
definition is

ho—h, AN
"o Bha (2778)

Substitution of equation (2-68) into equation (2-78) yields
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q

Ficure 2-11.—Velocity-vector diagram for an axial-flow, impulse stage.

UaV,

= 2-79
L 7Y (2-79)

The change in fluid tangential velocity is
AVu=Vu.1_Vu.2 (2—80)

From the assumptions (W,=W;) and (W, =W..,) and the sign
convention we adopted,
W o=—Wui (2-81)

From equations (2-6), (2-81), and (2-80), we get

Vu, 2=Wu, 2+ U= _Wu. l+ U=-— (Vu. 1= U)+ U=— u, 1+2U
(2-82)
and
AVu——— Vu. 1= Vu. 2= Vur1— (_Vu l+2U) =.2Vu. 1_2U (2—83)
From the velocity-diagram geometry

Vu. 1= V1 sin [o 3} (2—84)

Since flow is isentropic and the turbine stage is of the impluse type
(hz, ¢a=h2=h1),
V1=\‘2gJAhld (2_85)

Substitution of equations (2-84) and (2-85) into equation (2-83)
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yields -
AV,=2 sin a+/2gJ AR ,—20U (2-86)

Substitution of equation (2-86) back into equation (2-79) yields

_4Usin o 4U?

, - — - 2-87
v 2gJ Ak, 2gJ Ak (2-87)

Now using the definition of blade-jet speed ratio from equation (2-72)

finally vields
17=4v sin a1—4v2 (2—88)

Equation (2-88) shows that for this particular case and any constant
stator exit angle, static efficiency is a function of blade-jet speed ratio
only. The variation is parabolic and is illustrated in figure 2-12 for
an example with a stator exit angle of 70°. A maximum efficiency of
0.88 is reached at a blade-jet speed ratio of 0.47. The optimum blade-
jet speed ratio can be found mathematically by differentiating equa-
tion (2-88) and setting the derivative equal to zero:

sin a, (2-89)

Vop1= 2

10—

Static efficiency, n

| | | ] J
0 .2 .4 N .8 1.0
Blade-jet speed ratio, v

FiguREe 2-12.—Effect of blade-jet speed ratio on static efficiency of an isentropic,
axial-flow, impulse stage. Stator exit angle, 70°.
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Since the stator exit angle is normally in the range of 60° to 80°, where
the sine of the angle does not vary greatly, the optimum blade-jet
speed ratio for most cases of interest with a turbine of this type would
be in the range of 0.4 to 0.5,

Equation (2-88) and figure 2-12 are, of course, very idealized and
specific. While the levels and values for a real case will differ from the
ideal case, the basic parabolic trend should remain the same; and,
indeed, it does. We find that for a real case, blade-jet speed ratio is a
very good correlating parameter for both static and total efficiency.
Likewise, so are the other velocity-diagram parameters.

Design Parameters

The operation of dimensional analysis on the variables relating to
turbomachines led to the dimensionless parameters shown in equa- °
tion (2-63). This does not, however, exhaust the number of dimension-
less parameters that are possible. A parameter not having the linear
dimension D would be desirable because values of the remaining
variables would apply to a range of geometrically similar turbo-
machines of all sizes. Also, a parameter not having rotative speed N
would be desirable because, in this case, values of the remaining
variables would apply to a turbomachine at all rotative speeds.

Such parameters can be found by combining two of the previous
groups. The parameter that excludes D is known as the specific
speed N, and is found as

1/2 N2D2 3/4 N 1/2
N~(x%) Car) - (2-90)

When used for a turbine, the volume flow rate is taken at the stage
exit or turbine exit. Thus,
NQ?
=Y (2-91)
The parameter that excludes N is known as the specific diameter
D, and is found as

H \A (ND*\'* DH
Dl=(NzD2> ( Q ) = Q" (2-92)
With the volume flow rate taken at the stage exit or turbine exit,
1/4
D.=DH (2-93)

1/2
ez

Commonly, but not exclusively, the values for these parameters
are quoted with rotative speed N in revolutions per minute, exit
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volume flow rate Q.; in cubic feet per second, ideal work, or head,
H in foot-pounds per pound, and diameter D in feet. With this set
of units, specific speed and specific diameter are not truly dimension-
less because the units are not consistent. The head H is usually taken
to be the total-to-total value (Ah,), but sometimes, for convenience,
it is specified as the total-to-static value (Ah).

Specific speed and specific diameter can be related to the previously
presented velocity diagram parameters. The blade speed is

_rND

176 (2-94)

where K is the dimensional constant (2= rad/rev or 60 sec/min). The
head is

H=J8K,y=J Ak (nl> (2-95)

Combining equations (2-91), (2—"33), and (2-72) with equations
(2-94) and (2-95) yields

N,D,=5\/-2g—” y (2-96)
V¥ 7

The ratio of total efficiency to static efficiency appears because of the
differing definitions of ideal work used in defining the various param-
eters. Some authors prefer to use the same ideal work definition in
all cases, thus eliminating the efficiency ratio from equation (2-96).

The parameter interrelation can be expressed in terms of the
speed-work parameter by substituting equation (2-74) into equation
(2-96)

N,D,=§ Ngn'\ (2-97)

Specific speed and specific diameter can also be related to the flow
coefficient. The exit volume flow rate is

Q¢z=Aqu (2—98)

where A, is the exIt flow area, in m? or ft>. Combining equations
(2-91), (2-93), (2-94), and (2-75) with equation (2-98) yields

KD?
xpA.:

N,D}= (2-99)

Since specific speed and specific diameter are related to the velocity-
diagram parameters, which can be used to correlate efficiency, then
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specific speed and specific diameter can also be used to correlate
efficiency.

Specific speed and specific diameter contain variables that the
velocity-diagram parameters do not. These are diameter and volume
flow rate, and their use leads to terms, such as D*A,, appearing in
equation (2-99), that imply shape. Thus, specific speed and specific
diameter are sometimes referred to as shape parameters. They are
also sometimes referred to as design parameters, since the shape will
often dictate the type of design to be selected.

Overall Parameters

The dimensionless parameters that we have been discussing can
be applied to a stage or to the entire turbine. When applied to a stage,
these are the similarity parameters that represent similar conditions
for equal values and thus can be used to correlate efficiency. When
applied to the overall turbine, some of these parameters help identify
the type of design that might be most appropriate and serve as a
rapid means for estimating the number of required stages.

The following are the most commonly encountered overall
parameters:

Overall specific speed
N,=Nﬁfo (2-100)
Overall specific diameter
5‘=Qaf ”‘ (2-101)
Overall speed-work parameter “
X=g§§_'h . (2-102)
Overall blade-jet speed ratio
;=(29J%w)“2 #10y

The subscript av refers to some average condition, and the super-
script () refers to the value for the entire turbine.

Of these overall parameters, specific speed perhaps is most sig-
nificant because its value is almost always determined by application
considerations only, while the values for the other parameters gen-
erally depend on the nature of the evolved geometry. Equation (2-100)
for overall specific speed can be restated to show the considerations
that contribute to the value of overall specific speed. Let

Qer=w0,; (2-104)
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where 2., is specific volume at exit, in m3/sec or {t3/lb. Also, let mass
flow rate be expressed as

w =% ( )

Then, substitution of equations (2-104) and (2-105) into equation

(2-100) yields
—_— 1 Doz \1/2 “/1
N—z (70) (v JP) (2-106)

Thus, the overall specific speed can be expressed as the product of
three terms. The first term reflects expected performance, which can
be reasonably estimated. The second term depends only on the specified
gas and the thermodynamic cycle conditions. This second term is
useful for evaluating the effects that different fluids (in cases where a
choice is available) have on the turbine. The third term is dictated
by the application. Often, both rotative speed and power are specified;
in other cases, the product N\/JI-J, rather than the individual values
of N and P, is established by the application.

The manner in which the overall specific speed influences the tur-

Two-stage,
axial flow

One-stage,
axial flow

i
.
=N R

l I U S R I L
2 3 .4 5 6 .1 8 9 10 LI 12 13

Specific speed, N, dimensionless

SN N (N [N I S [ SO N N M I
X 30 4 % 60 70 8 9% 100 110 120 130 140 150 160

Specific speed, Ng, (13 4ibm3/4)/iminyisect2uinr)

Ficure 2-13.—Effect of specific speed on turbine-blade shape.
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bine passage shape is illustrated in figure 2-13 for a radial-flow tur-
bine and for one- and two-stage, axial-flow, example turbines. The
ratio of hub radius to tip radius decreases with increasing specific
speed. For the axial-flow turbines, increasing the number of stages
decreases the radius ratio. Thus, the overall specific speed for any
application indicates the type or types of design that will te required.

The values of some of the overall parameters give us a rapid ap-
proximation of the number of stages required for a given application.
Dividing equation (2-100) for overall specific speed by equation (2-91)
for stage specific speed yields

]\_/" ( Q.- )1/2 H)su

=) (& 2-107

N\ Qe <H (2-107)
If we neglect the reheat effect, which is small, and assume equal head
change per stage, we can write

H=nH (2-108)

Further, if the expansion ratio is not too large, we can neglect the
compressibility effect and assume that Q..=@.:.,. Substitution of
these last two conditions into equation (2-107) and rearrangement

yields N\
== 2-109
n ( N.) (2-109)

Since stage specific speed is a correlating parameter for efficiency,
experience can tell us a reasonable value of stage specific speed to
assume in order to achieve a given level of efficiency. Thus, with stage
specific speed assumed and overall specific speed known from the
application requirement, equation (2-109) gives us an estimate for
number of stages. The effect of compressibility on this estimate is
discussed in reference 2, where a compressibility correction is presented.

A similar type of estimate for number of stages is often obtained
from the overall speed-work parameter and an assumed value for the
stage speed-work parameter. Knowledge of a value for the overall
speed-work parameter, however, requires a knowledge of the blade
speed. Often, a reasonable value of blade speed can be selected on the
basis of stress considerations. Or, blade speed may be varied para-
metrically if desired. Dividing equation (2-66) for stage speed-work
parameter by equation (2-102) for overall speed-work parameter,
assuming a constant blade speed for the turbine (U?’=U%,), and as-
suming equal work per stage,

AR =nahk’! (2-110)
56



BASIC TURBINE CONCEPTS

yields

n= (2-111)

>1| >

Equations (2-109) and (2-111) are particularly useful for parametric
studies associated with preliminary system analyses.

" Performance Specification Parameters

The turbomachinery parameters presented in equation (2-63) are
perfectly correct for compressible flow machines. Another choice of
variables, however, is often preferred for expressing nondimensional
performance. The mass flow rate w is preferred to the volume flow
rate Q because for any significant degree of expansion, Q changes
considerably throughout the turbine, while w remains constant.
Change of pressure expressed as pressure ratio is preferred to H,
which for compressible flow depends on both pressure ratio and initial
temperature. Instead of power P, the preferred term to express
actual work is the specific work or drop in total enthalpy Ah’. Since
ideal work depends on the initial temperature as well as on the pressure
ratio, we include initial temperature as another variable. Since Mach
pumber depends on temperature, introduction of temperature is
equivalent to introducing elasticity. Rotative speed N and a character-
istic dimension D are still of interest. The fluid properties are in-
cluded as gas constant R, which implies a molecular weight, and
viscosity u. For simplicity here, the specific heat ratio v is assumed
constant.

Now, operating with the variables

w=fcn(AK, Piny Poss Tty N, D, R, ) (2-112)
dimensional analysis produces the following:

!}-\—[ITTZ'= fcn(-él)ir ————ND ’ 22—"1 —ED-) (2-113)

P;Dz RT;» \/m p;z I‘D
If the specific heat ratio had not been assumed constant, there would be
some complicated, but second-order, terms modifying the flow, work,
and speed terms.

Let us operate on some of the above terms to see what significance
we can get out of them. The mass-flow parameter may be transformed
by using the continuity equation, the ideal-gas law, and the propor-
tionality Aec[?, so that

_ _ D 27 P 2y Pin _
w—AVp—AVRToc D VRTOC D VRT'(,. (2-114)
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Substitution of this relation into the mass flow parameter of equation
(2-113) yields

le’_RTin Dszin_\RTtn« |4 «_T/_
nD* ° RT., poD* JRT. @ (2-115)

Thus, the mass flow rate is represented nondimensionally by the ratio
of actual mass flow rate to the mass flow rate when the velocity equals
the critical, or sonic, velocity.

The speed parameter may be transformed as

ND v U
- S .
Thus, the rotative speed is represented nondimensionally by the ratio
of rotor-blade velocity to critical velocity, which is a kind of rotor
Mach number. Division of the mass-flow parameter by the speed
parameter gives V/U, the kinematic condition of similarity. The
implication of this analysis is that for similarity, not only must the
fluid have a certain Mach number, but the rotor must also have a
certain fixed velocity with respect to the critical velocity. For a given
machine of fixed dimensions, therefore, the rotative speed is not a
singular variable as for incompressible flow, but becomes associated
with the temperature of the fluid. All variables must be expressed in
dimensionless form in order for the effect of varying inlet temperature
to be correlated.
For a given gas, the dimensionless parameters presented as equation
(2-113) can be expressed as

VT ton (g A2, e, 1) (2-117)

—7 /g —ICN 7
Din ? Tin VT,,, pez I‘D

For a given gas in a given turbine, the parameters further reduce to

w Ah’ N p{ )
——"—fen ( > w2 2-118
Din " T(u ﬁ," Pcz ( )

Depending on the particular case, the parameters presented in equa-
tions (2-113), (2-117), or (2-118) can be used to express turbine
performance.

Equivalent Conditions

It is very useful to report performance under standard conditions
of temperature and pressure and sometimes of fluid molecular weight
and specific heat ratio. This is done in order that results obtained at
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different conditions may be directly and readily compared and also
easily used to determine performance for any condition we desire. The
following are the standard conditions usually used: atmospheric pres-
sure, 101 325 N/m? abs or 14.696 psia; temperature, 288.2 K or
518.7° R ; molecular weight, 29.0; and specific heat ratio, 1.4. These are
known as NACA standard conditions, or NACA standard air. The
performance variables of flow, work, and speed expressed on the basis
of these standard conditions are known as equivalent conditions.

Let us use the parameters of equation (2-113) but with diameter
constant. With the subscript std denoting standard conditions and the
subscript eg denoting equivalent conditions, the similarity conditions
can then be expressed as

’U)\RTg,, weq'VRﬂd s1d (2—119)
- . pt,, pud
’ ’
Ah Ahm (2-120)

RTin Rﬂd ud

N __ N
VET,, v el i

Rearrangement of these equatlons then yields for the equivalent
conditions .

(2-121)

VRT., pia
. 2-122
Y RaTiePin i
M:q=Ah’ Rédz.,T.“ (2_123)
N _N'JRIMT-M (2_124)

VRT(n

‘As you may recall, we started off the discussion of these parameters
by assuming constant specific heat ratio for all conditions. This is not
always the case, since specxﬁc heat ratio can change with temperature
and fluid. Let us now add a specific-heat-ratio effect into the above
parameters. The specific-heat-ratio corrections that are commonly
used do not yield similarity under all conditions, but only at critical
(sonic) velocity. However, the terms that are left out depend on both
specific heat ratio and Mach number, are cumbersome to work with,
and have only a very small effect on equivalent conditions. With the
commonly used specific-heat-ratio terms, the equivalent conditions
are expressed as
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- Ver 2(7’—;E) 2-125
e w‘\/(vcr,nd> p;n ¢ ( )

’ ? Vcr.ud ?
Ahl,=2h (-V— (2-126)
N.=N, /(.‘%@)’ (2-127)
where
. .1< 2 >7ud/("ud-l)
_ "\t (2-128)
= 9 N/ -1
(1)
and, as you recall,
vi,=2Y_ o7 (2-129)

v+1

Therefore, for constant specific heat ratio, equations (2-125) to (2-
127) reduce to equations (2-122) to (2-124).
Finally, we define

VC’ >2
0={ —— 2-130
(Vcr. std ( )
and )
s=Lir 2-131
D ( )

The equivalent conditions are then expressed as

We=w 7 ¢ (2-132)
ak; =4 (2-133)
A"
N, == -
% (2-134)

One point that can be seen from these similarity equations is that
operation at temperatures greater than standard will cause a reduction
of both actual mass flow and equivalent speed. Both of these factors
reduce the output of a powerplant. A well-known example of this
effect is the reduction in takeoff performance of jet aircraft on hot days.

Reynolds Number Effect

The effect of viscosity in the form of Reynolds number was shown
to be one of the dimensionless parameters affecting turbomachine

60



BASIC TURBINE CONCEPTS

performance. While its effect is secondary, it is still important. The
effect of Reynolds number on turbine efficiency is usually correlated in
the following manner:

Expressing efficiency as

Ahg—AR, Ah;
’ 1d loss loss
= , =1——— 2-135
" » Ahig (2-135)
we can write
1—n/ == 2-136
" =3, ( )
If we assume that the only loss is friction loss,
I3 L 2
Ahjope o f D 1% (2-137)

where f is the friction factor, and L is the characteristic flow-path

length. For turbulent flow,

S g (2-138)

where Re is the Reynolds number. Substituting equations (2-138)
and (2-137) into equation (2-136) yields

1=’ <o %) (ZI}/;—:) (2-139)

Adding subscripts for conditions 1 and 2 to equation (2-139) and
dividing the equation for condition 1 by the equation for condition 2

yield . L v
e GBI
7 () @) (w)

Since for geometric similarity L,/D,==L,/D, and for dynamic similarity
V3/Ah, w=V?3/ Ak}, 4, equation (2-140) reduces to

1—m_ (Re\*?
_1_’77’2= RZT') (2-141)

(2-140)

This is an ideal correlation. Actually, it hes been found that the
exponent for this type of correlation is not 0.2, but usually varies in
the range of 0.1 to 0.2, depending on the machine. This occurs because
all the losses are not viscous losses, and the fraction of total loss
attributable to viscous loss varies between machines. In view of this,
another suggested type of correlation is
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1—n, Re,\" 2 .
1—_——17;=A+B (R;,) (2-142)
where A and B are fractions such that A+B=1. In equation (2-142)
the exponent is maintained at 0.2 to reflect the viscous loss exponent,
and the coefficients A and B serve to represent the fact that not all
loss is viscous loss. Recent turbine tests here at Lewis, as well as the
dhmmﬁmmpm%nmdinrdﬂmmel,hﬂkam that values of about
0.3 to 0.4 for A and corresponding values of 0.7 to 0.6 for B seem to
be a good compromise for correlating Reynolds number effects.
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. SYMBOLS
flow area, m?; ft?
Reynolds number correlation coefficient in eq. (2-142)
speed of sound, m/sec; ft/sec
Reynolds number correlation coefficient in eq. (2-142)
heat capacity at constant pressure, J/(kg) (K); Btu/(Ib) (°R)
diameter, m; ft
. specific diameter, dimensionless; (sec'”?)(Ibf'/*)/(ft'*) (Ibm'*)
modulus of elasticity, N/m?; Ib/ft?
kinetic energy loss coefficient, defined by eq. (2-46)
force, N; 1b
friction factor
conversion constant, 1; 32.17 (Ibm) (ft)/(1bf) (sec?)
head, J/kg; (ft) (Ibf)/lbm
specific enthalpy, J/kg; Btu/lb
conversion constant, 1; 778 (ft)(Ib)/Btu
conversion constant, 2= rad/rev; 60 sec/min
characteristic length, m; ft
Mach number
rotative speed, rad/sec; rev/min
specific speed, dimensionless; (ft*’*) (Ibm?")/(min) (sec'”?) (Ibf*"*)
{number of stages
polytropic exponent
power, W; Btu/sec
absolute pressure, N/m?; lb/ft?
volume flow rate, m®/sec; ft*/sec
’gas constant, J/(kg) (K); (ft) (1bf)/(Ibm)(°R)
reaction
¢  Reynolds number
radius, m; {t
absolute temperature, K; °R
blade speed, m/sec; ft/sec
- absolute velocity, m/sec; ft/sec
ideal jet speed (defined by eq. (2-71)), m/sec; ft/sec
specific volume, m*kg; ft?/lb
relative velocity, m/sec; ft/sec
mass flow rate, kg/sec; 1b/sec

R

* oo we

MON N P ZZRrNRSTme Ty

R

total-pressure loss coefficient, defined by eqs. (2-47)

RgNNE g SNaN

fluid absolute angle measured from axial or radial direction,
deg
B fluid relative angle measured from axial or radial direction,
deg
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ratio of heat capacity at constant pressure to heat capacity at

constant volume

L ratio of inlet total pressure to NACA standard pressure

€ function of specific heat ratio, defined by eq. (2-128)

n efficiency

0 squared ratio of critical velocity based on turbine inlet tem-
perature to critical velocity based on NACA standard
temperature

A speed-work parameter, defined by eq. (2-66)

u viscosity, (N)(sec)/m?; Ib/(ft) (sec)

v blade-jet speed ratio, defined by eq. (2-72)

p density, kg/m?; 1b/ft?

7’ torque, N-m; lb-ft

¢ flow coefficient, defined by eq. (2-75)

v loading coefficient, defined by eq. (2-67)

w angular velocity, rad/sec

Subscripts:

av  average

cr critical condition (M=1)

eg  equivalent

ez  exit

id ideal

in  inlet

loss loss

opt optimum

P polytropic

r radial component

rel  relative

r0 rotor

8t stator

std NACA standard condition

stg stage

U tangential component

z axial component

0 at stator inlet

1 at stator exit or rotor inlet

2 at rotor exit

Superscripts:

—  vector quantity

overall turbine
absolute total state
relative total state
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GLOSSARY
The terms defined herein are illustrated in figure 2-14.
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Ficure 2-14.—Blade terminology.
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aspect ratio. The ratio of the blade height to the chord.

axial chord. The length of the projection of the blade, as set in the
turbine, onto a line parallel to the turbine axis. It is the axial length
of the blade.

axial solidity. The ratio of the axial chord to the spacing.

blade exit angle. The angle between the tangent to the camber line
at the trailing edge and the turbine axial direction.

blade height. The radius at the tip minus the radius at the hub.

blade inlet angle. The angle between the tangent to the camber line
at the leading edge and the turbine axial direction.

bucket. Same as rotor blade.

camber angle. The external angle formed by the intersection of the
tangents to the camber line at the leading and trailing edges. It is
equal to the sum of the angles formed by the chord line and the
camber-line tangents. .

camber line. The mean line of the blade profile. It extends from the
leading edge to the trailing edge, halfway between the pressure
surface and the suction surface.

chord. The length of the perpendicular projection of the blade profile
onto the chord line. It is approximately equal to the linear distance
between the leading edge and the trailing edge.

chord line. If a two-dimensional blade section were laid convex side
up on a flat surface, the chord line is the line between the points
where the front and the rear of the blade section would touch the
surface.

deflection. The total turning angle of the fluid. It is equal to the dif-
ference between the flow inlet angle and the flow exit angle.

deviation angle. The flow exit angle minus the blade exit angle.

flow exit angle. The angle between the fluid flow direction at the blade
exit and the turbine axial direction.

flow inlet angle. The angle between the fluid flow direction at the
blade inlet and the turbine axial direction.

hub. The innermost section of the blade.

hub-tip ratio. Same as hub- to tip-radius ratio.

hub- to tip-radius ratio. The ratio of the hub radius to the tip radius.

incidence angle. The flow inlet angle minus the blade inlet angle.

leading edge. The front, or nose, of the blade.

mean section. The blade section halfway between the hub and the tip.

nozzle blade. Same as stator blade.

pitch. The distance in the direction of rotation between corresponding
points on adjacent blades.

pressure surface. The concave surface of the blade. Along this surface,
pressures are highest.

radius ratio. Same as hub- to tip-radius ratio.
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root. Same as hub.

rotor blade. A rotating blade.

solidity. The ratio of the chord to the spacing.

spacing. Same as pitch.

stagger angle. The angle between the chord line and the turbine axial
direction.

stator blade. A stationary blade.

suction surface. The convex surface of the blade. Along this surface,
pressures are lowest.

tip. The outermost section of the blade.

trailing edge. The rear, or tail, of the blade.
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CHAPTIR 3
Velocity Diagrams

By Warren J. Whitney and
Warner L. Stewart

As indicated in chapter 2, one of the most important variables to
be considered in the design or analysis of turbines is the velocity of
the fluid as it passes from one blade row to the next. The absolute and
relative velocities and their relation to the speed of the blade row are
universally described through the use of velocity diagrams. Once the
overall design requirements of flow, work, and rotative speed are
established, the next step is the evolution of the velocity diagrams.
Their relation to the required blading geometry is very important in
that these diagrams specify the flow angles and velocities that the
blading is required to produce. In addition, the velocity diagrams
significantly affect the efficiency level expected from the turbine.

The general methods for constructing velocity diagrams and
relating them to the work and flow capacity of the turbine were dis-
cussed in chapter 2. Various dimensionless parameters associated with
the velocity diagram were also presented in chapter 2, and their
relation to turbine efficiency was illustrated by an idealized case. This
chapter is devoted ehtirely to the subject of velocity diagrams. The
first part of this chapter concerns a single diagram that can be con-
sidered representative of the average flow conditions for the stage.
Usually, the conditions at the blade mean radius are used. The
second part of this chapter is devoted to the radial variations in the
diagrams that result from the balance of forces in the radial direction
and from the variation in blade speed with radius. Only axial-flow
turbines are considered in this chapter.
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MEAN-SECTION DIAGRAMS

In this section, the velocity diagrams occurring at the mean section
(halfway between hub and tip) are assumed to represent the average
conditions encountered by the turbine. The different types of dia-
grams, their relation to stage efficiency, and their selection when
staging is required are discussed.

In review, figure 3-1 shows an illustrative stage velocity diagram
indicating the vector relations described in chapter 2 and the nomen-
clature. Assuming no change in mean radius through the stage,
equation (2-14) can be written as

_Uav,

Ah T

(3-1)

where

k' total enthalpy, J/kg; Btu/lb

U blade speed, m/sec; ft/sec

V. tangential component of velocity, m/sec; ft/sec

g  conversion constant, 1; 32.17 (Ibm) (ft)/(1bf) (sec?)
J  conversion constant, 1; 778 (ft)(1b)/Btu

This equation relates the stage specific work to the velocity diagram.
The axial component of the velocity vector is related to the flow
rate, state conditions, and the area by the relation

V.= pj;’a (3-2)

where

V. axial component of velocity, m/sec; ft/sec
w  mass flow rate, kg/sec; lb/sec

p density, kg/m?; Ib/ft?

A,, annulus area, m?; ft?

Flow angles are key velocity-diagram parameters because they not
only link the axial and swirl velocities (the tangential component of
the absolute velocity is often referred to as the swirl velocity) but
also affect the expected efficiency and blading geometry. In addition,
dimensionless parameters are used in association with velocity-
diagram studies because the parameter values can be related to the
diagram shape. Such parameters were discussed in chapter 2 and
include. the speed-work parameter, which can be expressed in several
ways, such as
U? U gJak

N GIA AV, av,

(3-3)

The speed-work parameter is used in this chapter because diagram
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Flow

Vx, 0

————— 0 9~

F1aure 3-1.—Velocity-vector diagrams and nomenclature.

types are related to the swirl distribution and it is convenient to
normalize the diagram velocities by AV,.

Velocity-Diagram Types

After the overall design requirements are established, the velocity
diagrams can be evolved. Velocity diagrams have different sizes and
shapes depending on the diagram type and the value of the speed-work
parameter. Diagram type refers to some physical constraint imposed
on the diagram. Diagram shape determines the values of performance-
related parameters, such as stage reaction and swirl split between the
stator exit (V) and the rotor exit (V, 2). The following three common
tvpes of diagrams and their reaction and swirl characteristics are
discussed in this section:

(1) Zero-exit-swirl diagram (V, .=0)

(2) Rotor-impulse diagram (W,=W3)

(3) Symmetrical diagram (V,=W, and V,=W))

These three diagrams for several values of speed-work parameter are
shown in figure 3-2.

Zero-ezit-swirl diagram.—In many cases, either the entire exit
velocity head or the swirl component thereof represents a loss in
efficiency. The zero-exit-swirl diagram, where

=1 (3—4a)

and
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Speed- Diagram type
work
parameter Zero exit swirl Impulse Symmetrical
0.25
0.5

1.0 4> ék

Fieure 3-2.—Effects of speed-work parameter and diagram type on shape of
stage velocity~vector diagram.

%20 (3-4b)

can be used to reduce such loss.
For an axial-flow rotor (U;=U,) having constant axial velocity
(V:1=V,3), the definition of stage reaction presented in equation
(2-39) reduces to
Wz,ﬁ—Wz.l
Vi —=Vi +Wi,—W2,

Rsu= (3'5)

where
R, stage reaction
W. tangential component of relative velocity, m/sec; ft/sec

By using equation (2-6) and equations (3-3) and (3—4), equation
(3-5) can be expressed as

. 1

- Ri=1—5 , (3-6)
This equation is plotted in figure 3-3(a). At A=1, the reaction is
0.5, which indicates a conservative diagram. At A=0.5, the reaction
is zero, which indicates an impulse rotor. Below A=0.5, negative
reaction is encountered. For example, at x\=0.33, the reaction is
—0.5, which, as can be shown, represents a substantial decrease in
velocity and increase in static pressure across the rotor. Because of
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(a) Reaction.
(b) Exit swirl.
FiouRe 3-3.—Effects of speed-work parameter and velocity-vector diagram type
on reaction and exit swirl.

potentially high losses, such high negative reactions are usually
avoided; therefore, zero-exit-swirl diagrams are seldom used for
2<0.5. Figure 3-2 presents the zero-exit-swirl diagrams for the
positive-reaction, impulse, and negative-reaction cases.

Impulse diagram.—For this case, W,=W, and the equation for

stage reaction reduces to
R,,=0 (3-7)

From equation (2-6), equation (3-3), and the assumption of constant
axial velocity, the rotor inle. and exit swirl velocities can be expressed
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as v
w1l .
AV"—)\+O.5 (3-8a)
and v
2 __y\ __ =
‘ZV.._)‘ 0.5 (3-8b)

The exit swirl characteristics are shown in figure 3-3(b). Positive
swirls are encountered at X\ values greater than 0.5, and negative
swirls are obtained at A values less than 0.5. At A=0.5, the impulse
and zero-exit-swirl cases coincide. These effects are illustrated in
figure 3-2. Because swirl velocity leaving a turbine is a loss and
because positive swirl decreases stage work, impulse diagrams are
seldom, if ever, used when X is greater than 0.5.

Symmeirical diagram.—A third type of diagram commonly used is
one in which the stator-exit- and rotor-exit-velocity triangles are
specified to have the same shape. In terms of velocities,

Vl =W2 (3-9&)
- and
Vz =W1 (3—9b)

Under this condition, the equation for stage reaction reduces to

—

Ru=s (3-10)

From equation (2-6), equation (3-3), and the assumption of constant
axial velocity, the swirl velocity components can be expressed as

Vur_A+1 _

AV, 2 (3-11a)
and

Vi _A—1 _

AV, 2 (3-11b)

These reaction and swirl characteristics are shown in figure 3-3, with
typical diagrams illustrated in figure 3-2. The symmetrical diagram
is the same as the zero-exit-swirl diagram at A=1. As the value of A
decreases, the exit swirl increases, but the reaction remains constant
at 0.5. This good reaction is conducive to high total efficiency, making
this type of diagram attractive for stages where exit swirl is not a loss
(e.g., the front and middle stages of a multistage turbine).

Stage Efficiency

A significant aspect of & turbine design is th~ expected efficiency.

74



VELOCITY DIAGRAMS

The efficiency is an important function of, among other things, the

type of velocity diagram used and the pressure distribution on the

blade surface. Therefore, the diagram selection is greatly dependent

on the efficiency requirements of the intended application. Some

basic relations between diagram parameters and efficiency are pre-

sented and used herein to point up some of the more important

effects. References 1 and 2 are used as a basis for this development.
As presented in chapter 2, turbine stage static efficiency can be

written as Ny

7]=Zh—; (3-12)

where

7 stage static efficiency

ab’  stage work, J/kg; Btu/lb

Ah,, stage ideal work based on ratio of inlet total pressure to exit

static pressure, J/kg; Btu/lb

Expressing ideal work in terms of actual work plus losses yields
Tl
3 ro 2gJ

K (3-13)

where

Ly stator loss, J/kg; Btu/lb

L, rotor loss, J/kg; Btu/lb
V22gJ stage leaving loss, J/kg; Btu/lb

The equation for total efficiency »’ is the same except for the elimi-
nation of the stage leaving loss, V%/2gJ. Substituting equation (3-3)
into equation (3-13) yields

A
" Lt L) 1 V7 : (3-14)
. AV2 2AV 2

In relating the stator and rotor losses to the diagram parameters,
it was assumed that the losses were proportional to the average
kinetic energy across the blade rows. That is,

D Aaa 3
Ln—Ku 2gJ (3 15&)
and
o WeWR _
Lro—Kra 2gJ (3 15b)

where X is constant of proportionality.
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Equations (3-14) and (3-15) serve as the basis for estimating
efficiency. The exact nature of the assumptions and equations can
be found in references 1 and 2. Briefly, the procedure for estimating
efficiency is as follows:

(1) The velocities are expressed in terms of their tangential and
axial components.

(2) The tangential components are expressed in terms of the speed-
work parameter according to the diagram type being considered
(eq. (2-6) and eq. (3-4), (3-8), or (3-11)).

(3) The axial components are evaluated by means of an application-
related mass-flow assumption or by relating them to the tangential
components by an angle assumption.

(4) The values for the constant of proportionality are selected on
the basis of previous test experience.

(5) Efficiency curves can then be generated over a range of speed-
work parameter for the various diagram types.

The total- and static-efficiency characteristics as obtained from ref-
erence 2 by the above method are presented in figure 3—4. The curves
presented for the symmetrical diagram are actually for the diagram
that analytically yields maximum total efficiency. This diagram, as
determined in reference 2, approximates the symmetrical diagram, and
the associated efficiency characteristics are representative of those for
a symmetrical diagram. The curves for the zero-exit-swirl diagram
were not obtained for \ values less than 0.5 because of the undesirable
negative reaction in that region.

The total efficiency characteristics are presented in figure 3-4(a).
For each diagram type, the highest efficiency occurs at a speed-work
parameter, ), value of 1. The symmetrical-diagram efficiency is slightly
higher than the impulse-diagram efficiency for all values of A. The
zero-exit-swirl-diagram efficiency is equal to the symmetrical-diagram
efficiency at A=1, is equal to the impulse-diagram efficiency at
A=0.5, and, although not shown, becomes less than either of the
other two for A values less than 0.5. Between A=1 and A=0.5,
the efficiency curves are rather flat. As \is reduced below 0.5, efficiency
decreases more rapidly.

High total efficiencies, therefore, are achievable with any of these
diagram types for \ values greater than about 0.5. Even where total,
rather than static, efficiency is the criterion of merit, however, the
designer must still consider aspects such as the previously discussed
exit swirls and the three-dimensional effects, to be discussed later in
this chapter, before a diagram type is selected.

The static efficiency characteristics are presented in figure 3—-4(b).
The static efficiency is substantially lower than the total efficiency
because the exit velocity head represents a loss. The highest static
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efficiency for A\ values less than 0.5 is obtained with the impulse
diagram, and for A values greater than 0.5, with the zero-exit-swirl
diagram. For the impulse diagram, the efficiency is a maximum at
A=0.5, where there is no exit swirl. For the symmetrical diagram,

=
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k] I
o
3 )
= .4]— Diagram type
] ! e Zero exit swir!
————— Impulse
—————— Symmetrical
2
ta)
0 | 1 1 L
1L0—
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!
{
)
I
o | | | | J
0 .2 4 6 .8 1.0

Speeci-work para}neter, A

(a) Total efficiency.
(b) Static efficiency.
Fi6URE 3-4.—Effects of speed-work parameter and velocity-vector diagram type
on efficiency. (Curves from ref. 2.)

(i



TURBINE DESIGN AND APPLICATION
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Total efficiency, n'

Efficiency

Static efficiency, m
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Stator exit angle, gy, deg

Fieure 3-5.—Effect of stator exit angle on stage efficiency. Speed-work param-
eter A, 0.5. (Curves from ref. 1.)

the efficiency is a maximum at A=1, where there is no exit swirl.
The zero-exit-swirl-diagram efficiency is highest at A=1, but decreases
very little as \ is reduced to 0.5.

Efficiency is affected not only by the speed-work parameter and
‘diagram type but also by the velocity through-flow component V7,
which is related to the flow angles. An example of this effect can be
obtained from reference 1. Figure 3-5, which is taken from reference 1,
shows the total and static efficiencies as functions of stator exit angle.
It is evident that the best angle depends upon which efficiency is to be
maximized. If maximum total efficiency is desired, the stator exit
angle should be about 60°. If maximum static efficiency is desired, a
stator exit angle of about 75° is indicated. However, complete freedom
of selection of this angle does not always exist since it affects the
through-flow component of velocity and, therefore, the annulus area.
The rotor stress level is also influenced by the annulus area and, hence,
could influence the angle selection.

It has been showa that at low values of speed-work parameter,
large exit swirls are encountered, with associated reductions in static
efficiency. One means of increasing the static efficiency is through the
use of downstream stators, which remove the swirl and diffuse the flow
back to axial. The efficiency characteristics of such turbines (ref. 3)
are presented in figure 3-6. In this figure, the turbines with down-
stream staters are referred to as 1Y%-stage turbines. Figure 3-6(a)
shows that the total efficiencies of the 1%-stage turbines are lower
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than those of the 1-stage impulse turbines. These lower total efficiencies

are due to the additional friction losses of the downstream stators.
Because of this additional friction loss, the 1%-stage turbine achieves
no gain in static efficiency over that of the 1-stage turbine until the
value of A is below approximately 0.35 (fig. 3-6(b)). For A values
below about 0.35, substantial gains in static efficiency can be achieved

through use of downstream stators.

1.00—
I 1 '
= Diagram type
z
s (4 -———- 1-Stage impulse
2
g —_— - 1%-Stage impulise
=2 1 .
: _— 1§-Stage symmetrical
_— 1%-S(ageimpulse {two
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L@ 1 | 1 |
.80
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2
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Speed-work parameter, A

(a) Total efficiency.
(b) Static efficiency.

6.—Effect of downstream stator on efficiency. (Curves from ref.

FIGURE 3-
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TURBINE DESIGN AND APPLICATION
Multistage Turbine Efficiency

When the turbine requirements are such that the speed-work param-
eter is quite low and high efficiencies are stil]l desired, multistage
turbines are used, and the required work is split amongst the various

stages.

.90
=
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g /
S / Turbine
s / stages
3 !/ ———— 1
2 / e
/ 2
2
@ | - | {
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, 80—
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. S0
(b | { I | _J
0 .10 2 .30 .80 .50

Overall speed-work parameter, X

(a) Total efficiency.
(b) Static efficiency.
Figure 3-7.—Comparison of efficiencies of 1-, 1}%4-, and 2-stage turbines. (Curves
from ref. 4.)
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Two-stage turbines.—The addition of a second stage to a 1-stage
turbine results in about doubling the average stage value through
the reduction of stage work. As shown previously, an increase in
stage ) is accompanied by an increase in stage efficiency. In addition,
with two stages it becomes possible to adjust the stage work split and
the exit swirls so as to maximize efficiency.

A study of the efficiency characteristics of 2-stage turbines is pre-
sented in reference 4. The efficiencies of 1-, 1}, and 2-stage turbines
(from ref. 4) are compared in figure 3-7. At an overall speed-work
parameter, X, of 0.50, the 2-stage turbine has a 2-percentage-point-
higher total efficiency and & 9-percentage-point-higher static efficiency
than the 1-stage turbine. As X is reduced to 0.15, the difference between
the 2- and 1-stage efficiencies increases to 5 percentage points for total
efficiency and 24 percentage points for static efficiency. The smaller
difference between total and static efficiencies for the 2-stage turbine
than for the l-stage turbine occurs because the leaving loss for the
2-stage turbine is a much smaller fraction of the total work output.

The 2-stage turbine efficiencies presented in figure 3-7 are the
maximum values obtained by varying stage work split and exit swirl
while imposing good diagram criteria of no positive exit swirl and no
negative reaction. At %=0.5, efficiency is maximized with a 50:50
work split and symmetrical zero-exit-swirl diagrams for each stage.
As X is reduced, maximum efficiency is achieved with zero exit swirl
maintained in the second stage and an increasing fraction of the work
produced by the first stage. At X=0.125, the optimum work split has
increased to 75:25. The associated diagram features impulse first and
second stages as well as an impulse second-stage stator. This type of
diagram is illustrated in figure 3-8(a) and represents a type of turbine
known as velocity compounded. In general, & velocity-compounded
turbine is a two-stage (or three-stage) turbine in which all expansion
(luid velocity increase) is achieved in the first stator and all subse-
quent blade rows merely turn the flow with no change in velocity.
As X is reduced below 0.125, the velocity-compounded condition is
maintained, but with increasing exit swirl and decreasing first-stage
work fraction.

Figure 3-8(b) illystrates the velocity diagram for another type of
two-stage turbine, the counterrotating turbine without a second-stage
stator. The diagram shown is again for the *=0.125 case with zero
exit swirl and with both blade speeds equal. A study of the efficiency
characteristics of this type of turbine was made in reference 5. Effi-
ciencies higher than those for conventional two-stage turbines were
obtained because of the elimination of one blade row. Because the
second-stage work depends upon the swirl leaving the first stage, the
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(a) (b

(a) Velocity-compounded turbine. (b) Counterrotating turbine.
Figure 3-8.—Velocity-vector diagrams for special types of 2-stage turbines.
Overall speed-work parameter X, 0.125.

second stage, in general, would be a low-work stage (work split is
75:25 for the illustrated diagram). The efficiencies and work splits
are also functions of the blade-speed ratio. Because of their high
efficiency potential at low X levels and their compactness due to the
lack of a blade row, counterrotating turbines are being utilized in such
advanced applications as direct-lift engines for V/STOL aircraft.

n-stage turbines.—In many applications the combination of work
and speed requirements dictates the use of turbines in which consider-
ably more than two stages are required. Such applications include
fan-drive turbines, vapor turbines used for power production, and
turbopump turbines for nuclear hydrogen rockets.

The efficiency characteristics of multistage turbines composed of
impulse stages (for A<0.5) cr zero-exit-swirl stages (for A>0.5) are
examined in reference 6. Equal stage work and constant stage blade
speed were assumed. Overall and stage speed-work parameters are
related (derived as eq. (2~111)) as

A=nA (3-16)

where n.is the number of stages. Total efficiency for a first stage
(stator-inlet velocity is axial) and total and static efficiencies for a
general stage (intermediate or last stage, where stator inlet velocity
is equal to stage exit velocity) were obtained as functions of \. Overall
efficiencies were then obtained from the stage efficiencies. For overall
s‘atic efficiency, neglecting the reheat effect discussed in chapter 2,
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nAk’
7= Ahiy o+ (n—2)Akiy i+ Ak,

3-17)

where

Ahy . first-stage ideal work based on ratio of inlet total pressure to
exit total pressure, J/kg; Btu/lb

Ahiy , general-stage ideal work based on ratio of inlet total pressure
to exit total pressure, J/kg; Btu/lb

Ahy, ., general-stage ideal work based on ratio of inlet total pressure
to exit static pressure, J/kg; Btu/lb

This equation neglects the reheat effect, which reference 6 shows to be
small. By using the stage-efficiency definition, equation (3-17) becomes

(3-18)

Overall total efficiency differs only in that the last stage is evaluated
on the basis of stage total efficiency. Therefore,

7= (3-19)

Lt
- Na M

The multistage efficiency characteristics obtained in this manner
are presented in figure 3-9, which was obtained from reference 6.
Figure 3-9(a) shows total efﬁclency as a function of X. The limiting
efficiency (in this case, 0.88) is reached when all stages are at A=1.
This level of efficiency, as well as all those described herein, is a
function of many other factors (stator angle, Reynolds number, blade
aspect ratio, blade solidity, etc.) in addition to diagram shape and
may vary u upward or downward from the indicated value. The vari-
ations in efficiency with varying diagrams are, however, the concern
here. This ﬁgure illustrates that at low X values (0.1 or less), either
large increases in the number of stages are required to achieve high
total efficiencies or, if some restriction on the number of stages is
imposed, lower efficiencies must be expected. The static efficiencies
shown in figure 3-9(b) show similar trends, although at lower levels
because of the leaving loss.

Another commonly used method of presenting turbine performance
in terms of diagram parameters is to plot efficiency as a function of
overall blade-jet speed ratio. This parameter was described in chapter
2 (eq. (2-72)) as the ratio of the blade speed to a velocity correspond-
ing to the kinetic energy associated with the total-to-static pressure
ratio across the tubine. Blade-jet speed ratio is related to speed-work
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(a) Total efficiency.
(b) Static efficiency.
Fi1Gure 3-9.—Overall efficiency characteristics. (Curves from ref. 6.)

parameter and efficiency according to equation (2-74).

From the discussions in this section, it is clear that the selections
of the number of stages and velocity diagram type have an important
effect on the expected efficiency level and are very dependent upon the
specific work (actual or ideal) imposed and blade speed utilized. In an
actual design, the final selection of the turbine diagrams must represent
a compromise among such design goals as performance (dictated by
the cycle requirements), structural integrity (related to component
life), compactness, and weight.

RADIAL VARIATION OF DIAGRAMS

In the first half of this chapter, a single velocity diagram was
assumed to represent average conditions over the entire blade span.
In a turbine having a relatively high hub- to tip-radius ratio (about
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0.85 or greater), such an assumption is reasonable. In the case of
lower hub- to tip-radius ratios, however, substantial variations in the
velocity diagrams are encountered, and the mean-section diagrams
may or may not represent the average flow conditions for the entire
blade span. The radial variations in diagrams are due to the radial
variation in blade speed and the balance of forces that must exist in
the flow. The considerations that were described for the mean section
diagrams must also be applied to the end regions, which become very
important in the final diagram selection. This section will consider
the radial variations in flow conditions and their effect on the velocity
diagrams.

Radial Equilibrium

Consider an element of fluid in the turbine flow field, as in figure
3-10(a). When there is a tangential component of velocity, the re-
sulting circumferential flow (fig. 3-10(b)) must be maintained by a
pressure force. The pressure force serves to balance the centrifugal
force acting on the fluid and to keep the fluid moving along its curved
path. When the through-flow path (streamline) is curved (fig. 3-10(c)),
the force required to maintain the flow along this curved path
must be accounted for as part of the net pressure force. Any linear
acceleration of the flow must have an associated pressure force, part
of which is in the radial direction if the streamline is inclined from
horizontal. The balance of forces required to account for these factors
is termed radial equilibrium.

The radial equilibrium will now be formulated mathematically.
The pressure forces acting on an element of fluid are indicated in
figure 3-10(b). Fluid weight is neglected. If unit length is assumed
in the z direction, the net pressure force (directed radially inward) is

F, voi=(p+dp) (r-+dr)do—prdo—2 (p+‘121‘?> dr sin &

(3-20a)
where
F, . Detinward pressure force, N;Ib
P static pressure, N ‘m?; lb/ft?
] angle of rotation, rad
r radius of rotation, m; ft

Neglecting -higher-order terms (product of three differentials) and
setting sin (d8/2) =d6/2 yields

Fy nee=rdpdé (3-20b)
The mass m of the fluid being acted on by the pressure force is
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rae

p+dp r

(b} {c)

(a) Element of fluid in turbine flow field.
(b) Rotation plane (r-8). (e) Meridional plane (r-z).
F1gure 3-10.—Radial equilibrium factors.

m=plr(r4dr)?—r] %’ (3-21a)
which reduces to
m=prdrd@ (3-21b)

The net pressure force results from the three factors mentioned
previously. To balance the centrifugal force associated with circum-
ferential low, the radial pressure force is

V2 prdrds V2

F, =" 2PV rdrde (3-22)
g7 9 r g
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The radial' component of the pressure force required to balance the
cenirifugal force associated with flow along the meridional streemline
is

F m V%, cos am, prdrdo V3,
= = -

COS ay, 13-23)
Tme g Tme

where

Vue velocity along meridional streamline. m/sec; ft/sec
rme radius of curvature of meridional streamiine, m; ft
am, a&ngle of inclination of meridional streamline, deg

The positive directions for streamline curvature and inclination angle
are as indicated in figure 3-10(c). The minus sign in equation (3-23)
indicates that the balancing pressure force is directed outward in this
case. The radial component of the pressure force required to produce
the linear acceleration along the meridional streamline is

F,‘;‘—“—% 'd—dt— sin Ay g == = ——— -'d't—- Sil‘l [- 2998 (3—24)

Setting the net radial pressure force (eq. (3-20(b)) equal to the
various components (eqs. (3—22), (3-23), and (3-24)) yields

% %{’ =$—% cos a,,.,-—%—' sin g, (3-25)
Equation (3-25) is the radial equilibrium equaticn and includes all
contributing factors. It is, however, not convenient to use in its com-
plete form. For axial flow (or near-axial flow), the meridio.al stream-
line curvatures (1/r,,) and inclination angles (aw,) are both quite
small. Therefore, the last two terms on the right side of equation (3-25)
are small as compered to the first (rotational) term and can often be
neglected. Thus, we can write

g %§= Vr’ (3-26)

The approximation represented by equation (3-26) has become known
s ‘‘simple’’ radial equilibrium.

Radial Variations in Velocity

In order to illustrate the riature of the radial variations in velocity,
those effects that are usually second order will be neglected, and certain
other simplifying assuraptions will be made. If streamline slope is
assumed to be zero, there is no radial component of velocity, und the
total enthalpy definition (eq. (1-49)) can be written es
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h+2g J+ (3-27)

ZgJ

Differentiating with respect to radius and using equation (1-8) to
substitute for dh (and since p=1/v) yields

v o de 1dp, 1 AV, 1 AV
riaid dr+Jp e @ Tigg ar

(3-28)

If the flow entering the turbine is radially uniform, then the total
enthalpy at the first-stator exit is radially constant. Further, if the
stator loss is radially constant, then the entropy at the first-stator
exit is also radially constant. The rotor, as will be discussed later in
this chapter, may or may not have radially constant work (total
enthalpy) extraction and probably does not have radially constant
loss. At any place in the turbine, therefore, radial gradients in. total
enthalpy and entropy depend on the uniformity of the inlet flow, the
gradients imposed by the various blade rows, and the gradient damping
due to radial mixing.

For simplicity, it is here assumed that the total enthalpy and the
entropy are radially constant. With these assumptions and with equa-
tion (3-26), the “simple” radial equilibrium expression, substituted
into equatiorr (3—-28), we get

1d(V.h_ 1d(VH
2 dr 2 dr

+ =0 (3-29)

In order to solve this equation, it is necessary to independently
specify a relation between V, or V, and r or between V, and V.. Most
often, a variation of swirl velocity with radius has been specified as

V.=Kr¥ (3-3012)

or, in terms of mean-section conditions,

FoeY

Substituting equ=tion (3-30b) and its differential form into equation
(3~29) and then integrating between the limits of r,, and r yields

I}’ 1—tan? ap (N Sty [(r,.> ]} (3-31)

where a, is the absolute flow angle at the mean radius. Equation
(3-31) is not valid for the special case of N=0 (constant V). For this
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special case, integration of equation (3-29) yields

V. . r ]2

Vz.m—[l—-z tan? a,, In E] (3-32)
A case of interest not covered by equation (3-30b) is that where

the absolute flow angle is radially constant. In this case, V, =V, tan «,

and equation (3—-29) integrates to

u Vz —sinla
=7 =(;r‘> (3-33)

The radial variations in swirl velocity, axial velocity, and flow angle,
as computed from the above equations, are presented in figure 3-11
for a mean radius flow angle of 60°. The radial variations in axial
velocity and flow angle are largely dependent on the specified swirl
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Ficure 3-11.—Radial variations of velocity and flow angle. Mean-section
flow angle a,,, 60°.
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velocity variation (value of V). As the swirl distribution exponent N
increases or decreases from a value of —1, the changes in axial velocity
and flow angle with changing radius become more pronounced. As
seen, the axial velocities and flow angles associated with certain values
of N cannot be obtained with all blade lengths. The range of NV that
can be used for design purposes becomes larger as the blades become
shorter (values of 7/, and r,/r, closer to 1). The effects of the radial
variations illustrated in figure 3-11 on stage velocity diagrams are
discussed in subsequent sections of this chapter.

Free-Vortex Diagrams

When a value of —1 is used for the exponent N in equation (3-30a),

then
rV.=K (3-34)

This is the condition for flow in a free vortex, and a turbine designed
for such a swirl distribution is referred to as a free-vortex design,
or a free-vortex turbine.

The free-vortex design is used in the vast majority of axial-low
turbines in which radial variation of the diagram is accounted for. If
this condition is specified at both the stator and rotor outlets, then
there is no radial variation in specific work, A(UV,), because the
UV, products both entering and leaving the rotor are radially constant.
Thus, the specific work computed from the mean-section diagram is
valid for the entire flow. Further, if N=—1 in equation (3-31), the
axial velocity V is radially constant. Thus, the radial variation in
mass flow per unit area (pV;) is small, and the mass flow rate obtained
from the mean-section velocity diagram can be used to represent the
entire flow within an accuracy of 0.1 percent in most cases. This
design simplicity is one of the main reasons for the wide use of free-
vortex designs for axial-flow turbines.

An example set of velocity diagrams for a free-vortex design is
shown in figure 3-12 for the hub, mean, and tip sections of a blade
with a radius ratio of 0.6. The radial variation in the diagram shape
is considerable. The mean-section diagram for this example is a
symmetrical zero-exit-swirl diagram having a speed-work parameter
M of 1. The associated hub diagram is nearly an impulse diagram
(M=0.56), while the tip diagram is very conservative, with high
reaction’ (\;=1.56). Thus, for a free-vortex swirl distribution, the
hub section is the critical section from an aerodynamic standpoint
(lowest efficiency). Therefore, special care must be taken when
selecting the mean-section diagram, especially for low-radius-ratio
blades, in order to ensure satisfactory diagrams at the hub section. A
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Radius ratio,
rhlrt =0.6
Hub section
wO
-6(]° rmlft =0.8
Mean section
-37.80~
54, 20
-65.2 rdry= 10
Tip section

Fiaure 3-12.—Radial variation of velocity-vector diagrams for free-vortex
flow. Stator mean-section exit angle a,, 60°; mean-section speed-work param-
eter Ay, 1.

very high reaction tip diagram can also be troublesome because it
increases leakage across the blade tip clearance space.

Another potential problem is that of rotor-blade twist. There is a
considerable radial variation in rotor inlet angle. For the case illus-
trated in figure 3—12, the rotor inlet angle varies from 45° at the hub
to —38° at the tip, a variation of 83°. This results in a blade having
an overhanging tip section, thus causing some fabrication problems and
bending stresses. The positioning of the hub and tip sections of such a
blade is illustrated in figure 3-13.
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//—Tip section

AN
~
~ = Hub section

Fiaure 3-13.—Relative positioning of hub and tip sections of free-vortex turbine.

Non-Free-Vortex Diagrams

Free-vortex designs are so commonly used that all other designs
_are often classified under the common heading of non-free vortex. The
non-free-vortex designs are used in an attempt to alleviate some of the
potential disadvantages associated with the free-vortex design. Illus-
trated in figure 3—14 are the radial variations in diagrams for the cases
having the velocity variations illustrated in figure 3-11. The super-
vortex (V= —2) design, the constant-swirl (N=0) design, the wheel-
flow, or solid-rotation, (N=1) design, and the constant-flow-angle
design are compared with the free-vortex (N= —1) design. The mean-
section diagrams, which are at a radius ratio r/r, of 1, are the same
for all cases. Also shown are diagrams at radius ratios r/r, of 0.75,
~ 0.889, 1.111, and 1.25. For a blade with a hub- to tip-radius ratio of
0.6, the r/r, values of 0.75 and 1.25 correspond to the hub and tip
sections, respectively. For a blade with a hub- to tip-radius ratio of
0.8, the r/rn values of 0.889 and 1.111 correspond to the hub and tip
sections, respectively. As the blade hub- to tip-radius ratio decreases,
any particular value of r/r, corresponds to a blade section relatively
closer to the mean section. There are, of course, no diagrams to show
in figure 3-14 for those particular cases for which, as shown in figure
3-11, no real values exist for axial velocity.

At any radius ratio, the rotor exit diagrams are the same for all
the swirl distributions. This is due to the selected mean-section diagram
having zero exit swirl (a; ,=0).

The constant-flow-angle diagrams are quite similar to the free-
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FIGURE 3-14.—Radial variation of velocity-vector diagrams for various swirl
distributions.

vortex diagrams and, therefore, present the same problems of high
rotor-blade twist and low hub reaction. A possible advantage is that
the constant-flow-angle stator has no twist, while the free-vortex
stator has a small amount of twist (about 12°).

The super-vortex (N=—2) diagrams appear to have no advantage of
any sort. The blade twist is more severe than for the free-vortex
case. The radial variation of stator-exit axial velocity is large and can-
not be sustained (V, becomes imaginary) on blades with hub- to tip-
radius ratios much below 0.8.

The constant-swirl (N=0) and wheel-flow (N=1) diagrams do
alleviate the blade-twist and hub-reaction problems of the free-vortex
design. However, here too the radial variation in axial velocity is
large and cannot be sustained on blades with hub- to tip-radius ratios
below about 0.70 for the constant-swirl (N=0) design and below about
0.85 for the wheel-flow (N=1) design. In addition, the hub absolute
and relative velocities at the stator exit are higher for these designs
than for the free-vortex design. For relatively high Mach number
turbines, these higher flow velocities could cause higher losses than
those of a free-vortex design.
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(a) Free-vortex turbine.
. (b) Nontwisted turbine.
F1aUure 3-15.—Comparison of velocity-vector diagrams of free-vortex and non-
twisted turbines. (Diagrams from ref. 9.)
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A design procedure for rotor blades of constant inlet and exit angle,
termed a ‘nontwisted” design, is presented in reference 7. Such a
design completely eliminates twist in the rotor, which, therefore,
should be eesy to fabricate. References 8 and 9 contain experimental
results comparing free-vortex designs with nontwisted designs. The
design velocity diagrams used for the study of reference 9 are shown
in figure 3-15. A large radial variation in axial velocity at the stator
exit is also present in this nontwisted design. The stator-exit condi-
tions correspond closely to a swirl-distribution-exponent (N) value of
%. Although rotor twist is eliminated, stator twist has increased from
10° for the free-vortex design to more than 30° for the nontwisted
design. At the rotor exit, the swirl is negative at the hub and positive
at the tip. The relative blade-inlet Mach number at the hub is bigher
for the nontwisted design (0.85) than for the free-vortex design (0.72).
However, the reaction at the hub of the nontwisted design is improved
over that of the free-vortex turbine. The two turbines have about the
same efficiency.

The non-free-vortex designs all feature radial variation in specific
work and, because of the radial gradient in axial velocity, radiel varia-
tion in mass flow rate per unit area. Thus, the mean-section condi-
tions may not represent true average conditions, and considerable
error may occur if such a turbine is designed on the basis of the mean-
section flow conditions. A non-free-vortex turbine should be designed
by integrating the flow conditions between hub and tip in order to
compute work and flow rate. The proper design of a non-free-vortex
turbine is, therefore, much more complex than the design of a free-
vortex turbine. With computerized design procedures, however, this
additional complexity is no real disadvantage.

As seen from this discussion, the use of nun-free-vortex designs to
alleviate the rotor-twist and hub-reaction problems associated with
free-vortex designs results in other problems such as higher hub
Mach numbers, increased stator twist, and increased design com-
plexity. It has been shown that large deviations from free-vortex
designs cannot be sustained over all blade spans. However, small
deviations from free-vortex designs, as reported in reference 10, have
been used to obtain improved turbine performance.

B )
COMPUTER PROGRAMS FOR VELOCITY-DIAGRAM
STUDIES

This chapter has presented some of the basic aspects of velocity-
diagram selection, including diagram types, their relation to efficiency,
staging, and radial variations. It is evident that the determination of
the best diagrams and number of stages for a given application requires
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many considerations. If it is desired to include non-free-vortex
designs, meridional-streamline curvature effects, and radial variation
in efficiency, then such analyses are out of the realm of hand calcula-
tion. Therefore, computer programs have been evolved to perform
such tasks.

One such computer program is described in references 11 and 12.
The program includes consideration of streamline-curvature effects in
the radial equilibrium equation and radial gradients in enthalpy and
entropy in determining radial variations in flow. In addition, it not
only allows for blade loss as an input but also includes an internal loss
correlation using the information from reference 13 as a basis. This
program uses -stator exit swirl distribution and rotor work (which
reflects rotor exit swirl) distribution as inputs. However, for many
values and combinations of these input specifications, either there is
no real solution for meridional velocity (Va,=V./cos ams or the
computer cannot find the solution because of a large variation in
dependent variable (meridional velocity) with small variations in
independent variable (swirl velocity). The existence of these condi-
tions is indicated by figure 3-11. _

This problem has resulted in a program modification, as reported
in reference 14, wherein the radial variation in meridional velocity
instead of swirl velocity is used as input. The modified program has
proven very successful and shows that valid turbine designs can be
generated with any reasonable variation in meridional velocity.
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SYMBOLS

flow area, m?; ft?

pressure force, N; Ib

conversion constant, 1; 32.17 (Ibm)(ft)/(Ibf) (sec?
specific enthalpy, J/kg; Btu/lb
conversion constant, 1; 778 (ft)(Ib)/Btu
proportionality constant

loss, J/kg; Btu/lb

mass, kg; 1b

swirl distribution exponent

number of stages

pressure, N/m?; 1b/ft?

reaction

radius, m; ft

specific entropy, J/(kg) (K); Btu/(Ib)(°R)
temperature, K; °R

blade speed, m/sec; ft/sec

absolute velocity, m/sec; ft/sec

specific volume, m*/kg; ft*/lb

relative velocity, m/sec; ft/sec

mass flow rate, kg/sec; 1b/sec

fluid absolute flow angle, deg

efficiency

angle of rotation, deg

speed-work parameter

density, kg/m?; 1b/ft?

Subscripts:

a first stage

an annulus

¢ component due to circumferential flow
h hub

) general stage

id ideal .

l component due to linear acceleration
m mean gection

me meridional

net net

r radial component

ro rotor

8 component due to streamline curvature
st stator '

stg stage
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tip

tangential component
axial component

at stator inlet

at stator exit or rotor inlet
at rotor exit

W —-0o8r g

Superscripts:

— overall turbine
’ absolute total state
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